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ABSTRACT OF THE DISSERTATION
NUMERICAL SIMULATIONS AND MODELING OF HEAT AND MASS
TRANSPORT IN MEMBRANE-BASED HEAT EXCHANGERS
by
Saja Hani Mohammad Al-Rifai
Florida International University, 2022
Miami, Florida
Professor Yiding Cao, Major Professor
Transport membrane condenser (TMC) technology employs nanoporous ceramic
membrane as a tubular heat-exchanger element to recover water vapor mass and related
latent and sensible heat from flue gases. In this study, prior numerical studies and modeling
of the TMC performance are expanded and improved. The heat and mass transfer and
pressure drop related to the crossflow ceramic nanoporous tubes in the TMC have been
studied numerically within wide ranges of tube diameters. The number of rows, Reynolds
number, turbulence intensity, membrane properties, flue gases, and cooling water inlet
conditions have also been considered. Two condensation models, Fick’s diffusion law and
the mixed condensation model, were examined and implemented in user-defined functions
(UDFs). In addition, the dominant condensation mechanism was investigated. The results
showed that the wall condensation mechanism is dominant at the same membrane porosity

and water vapor mass fraction.

The numerical results with condensing flue gases were compared to available correlations
for single-phase Nusselt numbers and pressure drops in the literature. It was found that,

except for some selected conditions, the single-phase correlations were noticeably different

Vi



from the TMC numerical results. Therefore, new empirical TMC correlations for heat
transfer and pressure drops as a function of condensation rate, number of rows, and the
nanoporous membrane geometrical properties were derived. The established correlations
for TMC show a good agreement with numerical data for all investigated parameters. With
high certainty, they can predict the convective Nusselt number, overall Nusselt number,

and friction factor for the TMC.

A multiphase modeling approach using the volume of fluid (VOF), species transport, and
Lee phase change models coupled with Darcy’s law was proposed for modeling the heat
and mass transfer inside the TMC tube bundle. The multiphase model results were closer
to the experimental results than the single-phase model in terms of the outlet flue-gas
temperature and condensation rate. Based on the observed and monitored flow pattern in
the nanoporous ceramic membrane, the multiphase model can predict phase change and

water transport on the TMC wall.
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1. CHAPTER I: INTRODUCTION AND BACKGROUND

1.1. Motivation

Based on the report published by the US Department of Energy, heat loss accounts for over
ten quadrillion of Btu of energy each year in the US industry, representing about 30.8%
of the total energy used in the US [1]. Most heat losses are in the form of low-grade heat
exhaust streams, which are happening in many industrial processes. Low temperature and
high-water vapor content coexisting with non-condensable gases represent low-grade heat
exhaust streams. Furthermore, most industrial processes and equipment consume a large

amount of water that is expelled as containment water to the environment.

For example, gas and coal power generation plants are still the dominant energy sources.
A considerable amount of the energy produced becomes waste heat as it is discharged to
the environment in the form of flue gas. Besides, large volumes of fresh water are
consumed in the power plants, and a significant amount of this water is discharged to the
environment as water vapor. It was reported that coal-fired power plants discharge flue gas
with 4-13% water vapor, and gas-fired power plants discharge flue gas with 15-20% water
vapor [2]. Wasting the water vapor content of the flue gas into the atmosphere with its
latent heat decreases the thermal efficiency of power plant units [3]. On the other hand,

recovering 40-60% of this water can considerably enhance thermal efficiency.

From another point of view, wastewater vapor and heat emissions have a destructive effect

on the environment, such as a greenhouse effect, and there is an increased need to control



the amount of heat and water ejected into the environment. Accordingly, the new
environmental guidelines imposed a regulation on the power plants to employ a more
efficient way to recover heat and water from the flue gas, as well as a portion of the flue

gas pollutants, such as SOx, CO2, NOx, before discharging them to the environment.

Also, energy consumption, water shortage, and pollution are expected to increase
tremendously in the upcoming years due to the continuous increase in population growth
and the need to generate more power. At the same time, heat processing equipment that
expels an enormous amount of heat in the form of waste energy would decrease
productivity. The research to find an efficient way to recover heat and water has been a top

priority in the last few years.

From another point of view, over the last few decades, the power plants suffered from
corrosion problems on the surface of the boiler tail because of the interaction between the
flue gas pollutants, such as the sulfate radical, and the water [4, 5]. The flue gas of the
power plants contains high water-vapor content at its saturation state at a lowered
temperature, which may cause the condensation of the water vapor into contaminated liquid
water, resulting in corrosion of the duct wall. . Many possible explanations have been
proposed to solve this problem and avoid the high-cost repairs required for the corroded
tail boiler flue gas duct. Researchers have suggested elevating the exhaust flue gas
temperature to prevent corrosion occurring when the flue gas water vapor is under
saturation. However, this solution was not workable due to the significant reduction in the
boiler efficiency with an increase in the flue-gas exiting temperature. Later, engineers

started recovering the flue gas's water vapor.



Different methods were employed to capture the evaporated water from gaseous streams
such as liquid/solid sorption [6], cryogenic separation [7], a condensation heat exchanger
(cooling) [8], transport membrane condenser (TMC) [9-17]. Each of these technologies
suffers from shortcomings and drawbacks. In the liquid/solid sorption methods, the low
quality of recovered water, the adsorbent regeneration, and the high cost are the major
drawbacks. Cryogenic separation is considered an economically expensive dehydration

process because of the high variation in boiling temperature between the water and gases.

The condenser-based convection heat transfer is used as an alternative solution. This type
of condenser suffers from corrosion problems associated with the acid pollutant in the
gaseous (waste) stream. As the water vapor cools down, it mixes with other particles and
deposits corrosive solids onto heat exchanger surfaces. Different designs and models of the
condenser-based heat exchanger were proposed to maximize the heat transfer efficiency
from the flue gas of the power plant. These models include different condenser
configurations such as staggered [18], inline [19], and changing the inclination angle of the
condenser [20, 21]. Other types of condenser heat exchangers, such as flat plate [22], finned
tube [23], shell and tubes [24, 25], tube-to-tube heat exchangers [26], and mechanically
driven heat exchangers [27], were also considered. Despite the improvement in the heat-
transfer performance of the previous heat exchanger designs, the condensation heat-
transfer performance was little improved. Consequently, researchers have suggested using
different heat exchanger materials, such as porous material, to enhance condensation heat

transfer.



In recent years, the Gas Technology Institute (GTI) [28-30] introduced an innovative
technology based on the porous membrane material as a tube wall of the heat exchanger,
named the Transport Membrane Condenser (TMC). They replaced the stainless-steel heat
exchanger with nanoporous ceramic membrane tubes. TMC-based heat exchangers can
reduce the water consumption of power plants by recovering the water vapor and its latent
heat from the flue gas before discharging it to the environment. This innovative technology
used a ceramic porous membrane as tube walls. Compared to the conventional heat
exchanger, TMC has a higher convection Nusselt number, about 50-80%, and a higher
condensation rate, about 60-80%. These results are according to the experimental results
conducted by Bao et al. [16]. Also, TMC can transport the condensate to the cooling water,
which solves the problem of the condensate film that harms the conventional heat

exchanger.
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Figure 1. Visual Presentation of Transport Membrane Condenser Principal Operation.



1.2. Background In Transport Membrane Condenser

The transport membrane condenser (TMC) is a promising technology that can recover both
latent and sensible heat, besides recovering water vapor in the form of usable water, which
reduces energy consumption. TMC technology was first used, in 2011, in the heat and
water recovery from the waste flue gas of power plants [28-30]. The technology is based
on using nanoporous ceramic membrane materials as the tube wall of the heat exchanger.
The membrane recovers the water vapor selectively from the flue gas. The hydrophobic

characteristics of the nanoporous membrane hold the condensate water from the flue gas.

This characteristic can distinguish the water molecules from the other molecules present in
the flue gas. Figure 1 is a visual representation of applying the TMC technology in

recovering the water and heat from the exhaust stream of the power plant.

1.2.1. Membrane separation technology

Membrane technology is characterized by its low price and high separation ratio for both
gases and liquids. Two common membranes are categorized in the industrial sector based
on their applications in terms of porous and nonporous materials. The pore size of the
porous membrane ranges from sub-micron to nano-micron. This type of membrane is based
on the membrane surface characteristics and pore size. The separation process involves a
combination of different separation mechanisms such as diffusivity, molecular sieving, and
surface effects [31, 32]. The pore size may reach 50 nm for gas separation applications
based on the gas molecule size. Separation of water vapor from flue gas requires a

membrane with a pore size of 6 to 9 nanometers, and it has the highest separation rate under



the capillary condensation phenomena [29]. The separation of water vapor improved
considerably when the condensed water completely blocked the nanopores on the outer
surface porous membrane and prevented the non-condensable gases from being transported

to the other side [31, 32].

The diffusivity and solubility are the dominant characteristics mechanisms in the non-
porous membrane [33]. Although the separation ratio in this membrane type is generally

high, the transport flux is still considered low [33-35].

The membrane separation technology includes the organic fiber membranes and the
ceramic (inorganic) membrane, which selectively separates the water vapor from the flue
gas and prohibits other non-condensable gases from being transported with the water vapor.
Compared to the ceramic membrane, the organic fiber membrane has the disadvantage of

its elevated cost and lower mechanical properties.

The ceramic inorganic membrane is the most popular membrane condenser because of its
high thermal conductivity compared to the organic polymer membrane type and is also
considered thermally stable with good mechanical strength and corrosion resistance. The
thermal conductivity of the ceramic and polymer membrane material varies between 1.4-

21.84 W/m.K and 0.1-0.5 W/m.K, respectively, as reported by [36, 37].



Nanoporous ceramic membrane

Figure 2 [29] is a schematic diagram of a nanoporous ceramic membrane of a tubular cross-
section with each layer thickness/pore size being shown. The tube wall consists of a
nanoporous ceramic membrane that is responsible for transporting the water vapor from
the flue gas side to the waterside. The pores block the other non-condensable gases from
being transported to the other side as they are filled with condensing water vapor. The
recovered water is carried away with cooling water as fresh water. The cooling water
becomes warmer as it flows from its inlet to the outlet as a result of absorbing latent heat
due to condensation and sensible heat transfer under temperature differences. In
comparison, the flue gas temperature and moisture content will reduce as it flows from the
inlet to the outlet. A small vacuum is maintained on the water side of the TMC heat
exchangers to prevent the backflow of water from the inside of the TMC tubes to the

outside.

Based on the size of the pores, the nanoporous ceramic membrane structures are divided
into three layers, a selective layer, an intermediate layer, and a substrate. The particular
selective layer is at the nanoscale, and the substrate layer is at the microscale. The water
vapor from the flue gas releases the latent heat due to the condensation at the surface of the
selective layer. The condensate transports to the water flow through the intermediate and
substrate layers. The multi-layer structure of the porous material allows the condensed
water at the tube's outer layer to move toward the inner layer of the tubes and join the
cooling water flow stream. The membrane condensers allow the condensed water to

permeate through the membrane sideways with heat transfer.



Based on the location of the selective layer, two different kinds of membrane structures
have been developed in the literature, the outer and inner side membrane structures. In the
outer side coating, the selective layer is located at the outer side, while in the internal side

coating, the particular layer is located at the innermost side, as shown in Figure (3), [2, 38].
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(a) Flow dynamic of condensate water through the TMC single tube.
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(b) schematic diagram of a nanoporous ceramic tube cross section.

Figure 2. Transport Membrane Condenser Working Mechanism [29].
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Figure 3. Nanoporous Ceramic Membrane Structure for a Single Tube [2].

The main component of the nanoporous ceramic membrane is the o alumina nanoparticle
(a-Al203) substrate layer. The existence of AI203 nanoparticles in the tube wall enhances
the thermal conductivity of the membrane tube [39]. The water vapor from the flue gas
condenses at the outer surface of the outer-side membrane structure, which blocked the
non-condensable gases from passing through the membranes. The porous structure and
multi-layer, as shown in Figure 4, help the condensed water on the tube's outer layer move

toward the tube’s inner layer and join the cooling water flow stream.
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Figure 4. Photomicrograph of TMC Nanoporous Ceramic Membrane Cross-Section [40].

Hollow fiber membrane

The separation process of the hollow fiber membrane, as shown in Figure 5, is based on
the membrane selectivity to different components and the potential difference on both sides
of the membrane. The driving force of mass transfer is the pressure difference between the
external and internal surfaces. The membrane has good selectivity, which allows only the

water to pass while the other gas molecules cannot pass through it.

The hollow fiber membrane comprises three layers: the coating layer, the connecting layer,
and the support layer. The coating and connecting layers include both compact structures
and defective porous parts. The channel size in the supporting layer is larger than in the
first two layers, so the viscous flow has a significant effect, and the viscous flow velocity

and diffusion velocity exist simultaneously. The tortuous impact on the support layer

11



increases the pressure difference, which increases the fluid flow rate. This dominates the

mass transfer and reduces the support layer selectivity [41].

(a) Hollow fiber membrane heat exchanger.  (b)SEM images.

Figure 5. Hollow Fiber Membrane [41, 42].

Zhang et al. [41] studied three different membrane materials: polysulfone, cellulose
acetate, and polyimide and they found that the membrane material significantly impacting
the water vapor flux. Significantly, the coating material and the polyimide material
provided higher pure water percentages and lower water flux at different pressure
differences compared to other material types. The membrane porosity substantially affects
the water vapor transport through the membrane. As the porosity increases, the water vapor
transport increases. However, increasing the porosity reduces the membrane's performance

and mechanical properties, affecting the membrane service life.

1.2.2. TMC applications

The nanoporous ceramic membrane is a thermally stable membrane with good mechanical

strength and corrosion resistance. Transport membrane condenser (TMC) based on using
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the nanoporous ceramic membrane can retain heat and fresh water from the gaseous (waste)
stream. It was proved that it can find applications in different areas such as flue gas from
the power plants [28-30], the waste stream of biogas, and the plume of cooling towers [43,
44]. The membrane condenser can also be used for pre- treatment of the gaseous (waste)
stream by retaining a fraction of pollutants. CO., with condensed water. Also, suppose the
waste stream is needed to regain a specified species. In that case, the reduced amount of
water content in the flue gas could increase the performance of the separation unit, such as
capturing CO> from the flue gas or biogas for biomethane production, see Figure 6 [43,
44]. For example, membrane technology can be used for CO; separation from the exhaust
gases of the power plant to meet the regulations and restrictions on CO2 emissions. The
membrane technology can capture 90% of CO, which is limited by increasing electricity

costs of less than 35% [43].

~.
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Figure 6: Application of TMC with the Biogas Treatment [43].
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The nanoporous ceramic membrane also has been used experimentally to separate the CO-
[45, 46], SO2 [47-49], and water vapor [16, 49-52] from the flue gas of the coal and gas
power plants. Figure 7 represents the water flux and SO2 flux through the Hyflux20
membrane as a water vapor flow rate function, where the results were taken from the

Dehydration experiment test apparatus [47].
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Figure 7. Variation of the Water and SO> Flux Through Hyflux20 Membrane as with the
Water Vapor Flow Rate, a is the Selectivity [47].

1.3.  Experimental Work on TMC

A considerable number of reported experimental works have been performed to extract
heat and water from the flue gas using TMC based heat exchanger. In the reported
experimental work [28-30], it was shown that the energy efficiency of the boiler-based

power plant increased above 5% with 40% water recovered from the flue gas. They
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confirmed that water transport through the nanoporous (6 nm) membrane was dominated
by capillary condensation. Their results explain that water transport through the
nanoporous ceramic membrane is low in the Knudsen diffusion mode. In contrast, capillary
condensation could transport the water much more efficiently when the desired flue gas

conditions are met.

A group of researchers, references [49-52], conducted a series of experimental work on the
lab scale and pilot scale TMC with a 1pum pore-sized ceramic membrane to recover heat
and water from the coal-fired power plant. They assessed nanoporous ceramic tube arrays
arranged in staggered configuration with different tube spacing and nanoporous ceramic
shell and tube. Their research investigated the effect of the longitudinal spacings, ranging
from 3 to 8 cm, and the effect of flue gas inlet temperature as well as the inlet cooling water
flux and temperature. They also analyzed the permeability of the ceramic membrane for
SO, during the water recovery process from the flue gas. They concluded that the
membrane module with 8 cm longitudinal spacings could achieve a maximum water flux

of 22.23 kg/m2h and a maximum total heat transfer coefficient of 1068.2 W/m2K.

Chen et al. [53] studied the performance of the TMC under different operating conditions.
Their results showed that the water recovery performance could be enhanced by reducing
the flue gas flow rate or increasing the cooling water flow rate. Also, an increase in the flue
gas inlet temperature can improve heat and mass transfer through the nanoporous

membrane. However, the pressure difference between the inner and outer sides of the
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membrane does not affect the efficiency of the heat and mass transfer through the

membrane.

Bao et al. [16] experimentally compared the heat transfer from the flue gas between the
permeable membrane tube bundles (TMC) and the impermeable stainless steel tube
bundles. Their results showed sensible and latent heat transfer, and convection and
condensation rates were significantly enhanced by using permeable tube bundles. Also, the
overall Nusselt numbers of the permeable tube bundles were 50% higher than the
impermeable tube bundle, the convection—condensation Nusselt numbers for the porous
membrane tube bundle were 0.5-4 times more than the tubes with convection only, and the

condensation rate was increased by 60-80% for the porous membrane tube bundle.

In the experimental work of Gao et al. [52], they found that the coal type and power plant
load greatly influenced the TMC recovery efficiency. They used the experimental results
to measure the linear correlation between the TMC recovery efficiency and operating
parameters. The calculated correlation coefficients showed that the water recovery
efficiency was affected by changes in the cooling water temperature. Changing the flue gas
temperature has had no direct effect on the shift in TMC recovery efficiency. However, the
efficiencies change was related to the difference in the water vapor content in the flue gas

simultaneously with the change in water dew point temperature.

1.4.  Numerical Modeling of TMC

Heat and water recovery using a nanoporous ceramic membrane is a complex process.

Water vapor in the flue gas can permeate through the membrane to mix with the cooling
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water and then flow out. The heat transfer between the flue gas and the cooling water
comprises two parts: the sensible heat from convection and the latent heat of the water
vapor from condensation. Numerical simulation of the heat and mass transfer through the
tube bundles in TMC is considered a challenging task due to the complex geometry and

phase change processes.

Several papers in the literature investigated the performance of TMC numerically using the
single-phase model. Lin et al. [17] used the two-step chemical reaction model to calculate
the condensation rate at the outer surface of the TMC staggered tube bundle. Xiao et al.
[38] calculate the mass transfer through the ceramic membrane by using the lumped
parameter model. They considered the concentration gradient effect to measure water

vapor diffusion from the flue gas side.

Soleimanikutanaei et al. [10, 11] developed the mixed condensation model based on the
weighted linear addition of the solid wall-based condensation model and the capillary
condensation model. They assumed that the water vapor in the flue gas stream continuously
condenses in membranes and completely blocks the membrane pores. In contrast, the other
non-condensable gas components cannot pass. They used the species transport (single-
phase model) available on Ansys/Fluent. In the mixed condensation model, they first
hypothesized wall condensation. They combined the conventional condensation model on

a solid wall surface with the capillary model to calculate the condensation rate.

In another work, Soleimanikutanaei et al. [12-14] evaluated the condensation of the TMC
tube bundle by using Fick’s diffusion law. They coupled the species transport model

(single-phase model) in Ansys/Fluent with the wall-condensation-based Fick’s diffusion
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law written in the UDFs to model the heat and mass transfer in the TMC tube. They used
the correction factor to adjust the condensation rate based on the available experimental
data. Their numerical works [10-14] performed multiple numerical studies to investigate
the heat and mass transfer characteristics inside the transport membrane condenser under
different operating conditions and tube spacings. They found that increasing the inlet water
vapor mass fraction for different dimensionless space between the tubes increase the
volumetric heat transfer density and the condensation rate, which cause an increase in the
overall sensible and latent heat transfer rate between the cooling water and the flue gas. On
the other hand, increasing the dimensionless space between the tubes in a staggered tube
bundle reduces the volumetric heat transfer density because the increase in the tube spacing
increases the TMC heat exchanger volume, which makes the change in the volume
dominant in comparison with the change in the heat transfer rate, resulting in reduced

volumetric heat transfer density.

In another work, Soleimanikutanaei et al. [54] studied the performance of the two-stage
TMC heat exchanger in terms of the effects of the longitudinal and transversal pitches of
TMC tubes, and they found that the condensation rate and the flue gas have a similar
behavior because of the effect of the latent heat on the total heat transfer. Also, they studied
the performance of the shell and tube TMC transport membrane condenser at different

operating conditions [9, 13].

Wang et al. [55] used the ceramic membrane condenser to experimentally study the heat
and water transfer from gaseous streams. Their results showed that the heat and mass

transfer rates through the membrane could be increased by increasing the flow rate and
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temperature of the inlet gas stream as well as the water flow rate while increasing the flow
rate of the gas stream has an inverse effect on heat and water recovery. However, changing

the membrane pressure did not affect the heat and water recovery.

Xiao et al. [38] used a lumped-parameter model. They assumed that the water vapor in the
flue gas stream continuously condenses in membranes and completely blocks the
membrane pores, while the other non-condensable gas components can hardly pass. Zhang
et al. [41] used Stefan Maxwell's theory to model the different flue gas components'
diffusion through the coating layer, and the selectivity of the coating layer is modeled to
realize component separation. They employed the diffusion coefficient of Stefan Maxwell

between the different gases and between gas and porous material.

Most of the simulation studies on the heat and mass transfer of TMC tube bundle were
conducted based on the assumption that all the condensate water is recovered and
transported to the cooling water through the porous membrane, which means the water
vapor being condensed is equal to the transported water. Recently, the experimental work
of [56] on the macroporous ceramic membrane revealed that the ceramic membrane cannot
completely recover all the condensates under different operating conditions. They found
that part of the condensate on the outer surface of the ceramic membrane drops into the
flue gas and drains out as an acidic liquid after reacting with SO2. The existence of the
acidic liquid in the tube bundle can harm the heat exchanger. Also, mixing the condensate
with fine particles blocks the pores of the porous membrane and causes membrane fouling,

which reduces the porous membrane's performance. Therefore, modeling the TMC tube
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bundle using a multiphase can provide information that cannot be obtained by using the

single-phase model. The multiphase model can calculate the possible amount of

condensate water inside the flue gas domain, which is based on the flue gas temperature,

vapor content and ceramic membrane tube wall temperature.

A summary of the existing works related to heat and mass transfer in TMC is provided in
Table 1. It can be seen from the table that most of the studies on the TMC are focused on
the effects of the operating conditions on underlying heat and mass transfer performance.
However, the effects of the geometrical parameters, such as tube diameter, number of tube
rows, and Reynolds numbers on the condensation rate and thermal outlet conditions, need

more investigation.

1.5. TMC Based Heat Exchanger Configurations

Different arrangements/configurations of TMC-based heat exchangers have been studied
in the literature, such as in-line and staggered tube bundles [9-11], and shell-and-tube
bundles [12-14]. Similar technologies using hollow fiber membranes were also reported

[41, 44].

In the staggered configuration of TMC, the porous tubes are collected in the form of
staggered tube bundles. The water flows inside the membrane tubes, while the flue gas
flows in a crossflow direction to the TMC, while. In contrast, the water vapor from the flue
gas continuously condenses on the pores of the membranes, which blocks the non-

condensable gases from passing through the membranes.
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Table 1: TMC Literature Review Summary

Year Porous Membranetype =~ TMC/Arrangement  Flue gas source/ Parameter studied/Ranges Type of Study Ref.
composition
2021  Ceramic membrane, lum 40 tubes staggered Coal-fired power plants $,=3-8cm, T, ,=49-53 °C, T, ; =30-36°C Experimental, pilot scale [50]
Mgy = 10-22.23 kg/m?.h
2020  Ceramic membrane, lum  Stage 1: 238 tubes Coal-fired power plants. H.O V., =0.34 - 2.12 mfs, V,,; =0.19 - 0.21 m/s Experimental, pilot scale [36]
Stage 2: 40 tubes (vapor), CO3, Oy, Ny, SOy, S,=30-200 mm
SO3, Ash
2020  Ceramic membrane, lum  Single ceramic tube Coal-fired power plants Ty 4= 40-60 °C, miz,; = 6.25 % 10°°-3.125 x 10 * kg/s Experimental lab scale [51]
T,,,;=15-35°C, m,,; =8.32 x 107 - 3.327 x 10°* kg/s
2020 - 40 tubes staggered Coal-fired, H,0 (vapor), T.,,;=24-36°C, Effect of condensation mechanism Experimental, pilot scale/ [57]
COy, Oy, Ny, SOy, SO3, Ash Numerical study
2020  Ceramic membra, 0.4 nm 46 tubes staggered Coal-fired power plants T;g;=35-55°C, iy, = 300-3000m?h, T,,,;=12-38°C Experimental, pilot scale [58]
Effect of condensation mechanism
2020  Ceramic membrane, 1-3 46 tubes staggered Simulated H,O (vapor), CO,, Ty, ;= 40-50°C, migy; = 1.1 % 105-1.5% 10% m*hr Numerical/Single phase [59]
pm 0Oz Ny T, =20-25°C, V., ; =0.8-1.8m/s, A, =400-3900 m?
2019  Ceramic membrane - 30 Single tube Simulated. N, and H,O T;g;=50-70°C, m;,; = 0.5 — 2.0 kg/s Experimental lab scale [38]
nm (vapor) T,,,;=5-50°C, m,, =1-9kg/s, d;=8-12mm /Numerical/Single phase
2019  Ceramic membranes, 6-8 78 tubes staggered H,0 (vapor), CO,, O, N, T;q;= 70-80 °C, 1 ; =42-116 kg/hr Numerical [11]
nm T,,,;=20-34 °C, i, =62-138 kg/hr, S/D=0.3-2.2 Mixed Condensation
model
2019  Ceramic membrane, 1 pm 46 Gas-fired boiler Ty g,:= 40-60 °C, m,; =1000-1600 m/hr Experimental lab scale [52]
T,,,;=20-32 °C, m,,,;=600-1100 L/hr
2018  Ceramic membranes, 6-8 78 tubes staggered H0 (vapor), CO,, O,, N, Inlet water vapor mass fraction =0.01-0.1, S/D =0.9- Numerical/Single phase [10]
nm 1.25
2018  Ceramic membrane, 13 Single tube Simulated Vi g:=0.65-2.87 m/s, Re= 0.74 x 102-1.13 x 10°, water ~ Experimental/numerical/ [60]
nm content=4-12.5 g, Porosity=0.6-0.78 single phase
Thickness of condensate layer= 2 x 10°-0.6 mm
2018  Ceramic membrane, 20, Single tube Simulated. N, and H,O Tfg;=50-70 °C, mify; = 4-18 L/min, RH%=20-100%, Experimental lab scale [61]

30, 50, 100 nm

(vapor)

permeate vaccum = —0.1 — —0.005Mpa

21



2017

2017

2017

2017

2016

2015

2015

2013

2021

Ceramic membranes, 20
nm

Ceramic membranes,
20nm

Hollow fiber membrane

Ceramic membranes, 8—
10nm

Ceramic membranes, 6-8
nm

Ceramic membranes, 6-8
nm
ceramic membranes, 6-8

nm

Ceramic membranes, 6-
8 nm

Single tube
Polymer membranes

module

multichannel
ceramic membrane

78 tubes staggered

Single tube

78 tubes staggered

13-78 tubes
staggered

Air- H,O (vapor) mixture

H0 (vapor), N,

Simulated

H,0 (vapor), CO,, Oy, N,

Humidified air

Natural gas H,O (vapor),

€Oz Oz N;

Steam

H,0 (vapor), CO,, Oz, N;

H,O (vapor), CO,, O,, N,

T;5;= 80-120 °C, 1y, = 2.25-6.75L/min, T,,,; = 25-

50 °C, m,,;=1-10 L/hr, humidity ratio=15-120 g/kg
Tt g:=50-70 °C, m ;, ; =218 L/min, RH%=40-100%
water content=5.62-22.24 wt.%, T,,,; = 16 — 65°C
Tt 4= 50-85 °C, Mass transfer flux= 0 - 0.000325
kg/mZ.s

P, =200-600 KPa, pressure difference=6-22 KPa,
porosity=0.4-0.8, Embedding ratio=0.05-0.2
Ty,;=45-85°C, V;,; =033 —1.32m/s

Vew; = 0.08 — 0.55 m/s, transmembrane pressure
difference= 0.02-0.10 Mpa

Ty q;= 64.7-93.5 °C, m ;,, =2.36-2.80 kg/min

T,,; =19.1-44.6°C, m , ;=1.71- 8.35 kg/min

Inlet water vapor mass fraction =5.3-11.3 wt.%

Ty 4= 45-85 °C, mhjy;=1-4 L/hr, 1, =2.5-15 Lihr
Ty = 60 — 88 °C, Re= 6.4-330(water side)

Re= 1.0x 10%-7.0x 10* (based on hydraulic diameter)

Extensive parametric study covered the geometrical
parameters and operating conditions, and
nanoporous membrane characteristics

Dominant condensation mode investigation
Proposed new TMC correlations:

Nucor:“i Wtorz ftorrelated

cona’ cond—conv’

Proposed new Multiphase model coupled with Darcy
transport model.

Investigate the actual transport of water vapor vs.

the total condensation

Experimental/ lab scale

Experimental/lab scale

Numerical/Single phase

Numerical/ Maxwell
Stefan theory

Experimental/lab scale

Experimental/ lab scale

Experimental/ Numerical

Numerical/two-step
chemical reactions/Single
Phase

Numerical

(62]

(2

(63]

[42]

(64]

[16]

[55]

8]

Current

research
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1.6. Condensation phenomena in the TMC

In applying flue gas membrane condensers, the capillary condensation mode is the
transport phenomenon that allows the vapor to condense inside the membrane pore
structure, which completely blocks the pores and stops the transport of the non-condensable

gases.

GTTI’s experimental study [30] found that the nanoporous membrane has poor separation
characteristics and low water vapor transport flux when working under the Knudsen
diffusion transport mechanism compared with the capillary transport mechanism. This
occurs when the flue gas stream is cooled to an adequately low temperature that allows the
relative humidity of the flue gas to increase, as seen in Figure 8. Capillary condensation
increases water vapor transport flux and separation ratio by more than 5 times and 100

times, respectively, over the water vapor transport by the Knudsen diffusion mechanism.

Calculating the condensation rate numerically is one of the challenging steps in performing
a numerical study in the TMC heat exchanger. Different models were proposed in the
literature to calculate the condensation rate, such as the lumped parameter model [38],
Stefan Maxwell theory [41], mixed condensation model [10, 11], Fick’s diffusion law [14],
and two-step chemical reactions on the outer surface of the TMC tubes, by Lin et al. [17].
These models proved to be efficient in calculating the transport of water through the
nanoporous membrane. Fick’s diffusion law is based on the condensate vapor toward a
cold surface, and it was used to simulate Chapter 3. Since the transport of water through

the nanoporous ceramic membrane involves two mechanisms, capillary condensation and
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the wall condensation, the mixed condensation, which is based in a linear combination of

both mechanisms, was used to perform all the calculations in Chapters 4 — 6, in this study.
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Figure 8. Experimental Transport Mode of Water Through the Ceramic Membrane [30].
1.7.  Flue Gas Characteristics

Flue gases exhaust streams from electricity-generating power plant units using fossil fuels
are major concentrated CO> sources in the US with high water vapor content. Flue gas is
defined as the combustion exhaust gas produced at power plants and contains combustion
products mixed with air, such as large amounts of water vapor and small amounts of non-
condensable gases. Flue gas mixture usually includes carbon dioxide, oxygen, nitrogen,

water vapor, particulates, heavy metals, nitrogen oxides (NOXx), and sulfur dioxide (SO>).
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The outlet temperature of the typical flue gas furnace generally is around 1473 K, which
decreases gradually along the heat transfer pathway. The flue gases entering the stack are
around 423 K. The advanced equipment used for pollution control can effectively remove

NOx, SOx, and particulate matter. However, CO2, Oz, and H20 remain with flue gas.

The flue gas temperature is classified from low range temperature to medium range
temperature. Table 2 represents the flue gas composition from natural gas-fired power

plants and coal-fired boilers [65].

Table 2: Typical Flue Gases for Temperature Range of 350-450 K, as Reported in [65].

Flue gas composition Natural gas-fired Coal-fired
CO2 8-10 % 12-14 %
H20 18-20 % 8-10 %
02 2-3% 3-5%
N2 67-72 % 72-77 %

1.8.  Single Phase Heat Transfer Correlations

Single-phase (no condensation) heat transfer from the impermeable tube bundles has been
studied extensively in the literature [66], and many correlations have been developed.
These correlations have focused on representing the relations in terms of the heat transfer
coefficient as a function of pressure drop, tube spacing and diameters, and the number of
tube rows in the bundle. For example, Grimison [67] correlated the test measurements of
Pierson [68] and Huge [69] for staggered and in-line tube bundle arrangements. Hausen

[70] modified the Grimison model. Zukauskas [71-73] reviewed the experimental studies
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using air and water as working fluids for heat transfer from tube bank in cross flow, and
defined heat transfer correlations of the staggered and in-line tube bundle for Reynolds
numbers in the range of 1.0 to 106 and Prandtl numbers in the range of 0.7 to 500. Wilson
and Bassiouny [74] performed a numerical study for both laminar and turbulent flow across
tube banks for in-line and staggered tube arrangements using the air as a working fluid (Pr
= 0.7). The literature survey shows that most previous correlations were developed based
on experiments using air as a working fluid. However, the air's physical properties differ

from those of flue gas.

The air Prandtl number is between 0.707 - 0.698 at a temperature range of 300 - 400 K and
100 Kpa. The flue gas Prandtl number was between 0.73 - 0.76 at a Reynold number range
of 300 - 9000 and a temperature of around 355 K. Also, several models have been
developed to calculate the single-phase pressure drop in the heat exchanger, such as the
Holman-Jakob model developed in 1938 [75], Gunter-Shaw Model developed in 1945 [76],
the correction by Boucher and Lapple in 1945, and the Zukauskas pressure drop model
[77]. Boucher and Lapple [77] summarized that it is unsound to represent the pressure drop
of a tube bundle in a single relationship for different ranges of Reynolds number, and no

correlation can be likely to represent the data of all researchers to better than £ 30%.

The hydraulic resistance is defined as the total pressure drop of flow in a cross-flow tube
bundle. As is known, the total pressure drop across a bank is a function of tube bundle
arrangement, flow velocity, and fluid physical properties. Zukauskas [71] found that based
on their study of 49 different inline and staggered tube bundles for both air and liquids in

flows, the most effective parameter of the hydraulic resistance is the transverse pitch, as it
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increases with the increase of the transverse pitch. Increasing the longitudinal pitch
increases the tube spacing between the rows, which allows the formation of the vortices
that affect the pressure resistance. Wilson and Bassiouny [74] confirmed the positive
relationship between the longitudinal pitch and the pressure drop and friction factor

numerically.

1.9.  Multiphase Numerical Modeling

Modeling the flue gas inside the TMC heat exchanger is complex in nature, and the
existence of the water vapor phase change inside and outside the nanoporous membrane
increases the flow convolution. The literature reported many works related to the
multiphase flow in the porous material, but not for a TMC, and the following is a summary

of the related literature.

Tahir et al. [78] modeled the multiphase flow of Nitrogen flow through an absorber tube
filled with porous media. The porous media is a ceramic monolith porous substrate. They
used the Eulerian multiphase flow model and the available porous model (Darcy’s law) in

ANSY'S Fluent to model the pressure drop and velocity flow inside the porous media.

Wang et al. [79] and Brannock et al. [80] used a porous media model using Ansys/Fluent
to study the effects of hollow fiber membrane bundles on the flow field of the membrane
bioreactor. They coupled the porous media model with the Eulerian multiphase model to
study the hydrodynamic behavior of a full-scale submerged membrane bioreactor. In their

model, the air was set as a dispersed phase, while the water/sludge mixture was a
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continuous phase. Their work aimed to study the effects of pressure drops across the

membrane bundles.

Piller etal. [81] used the VOF multiphase model coupled with the Darcy law porous model
in Ansys/Fluent to simulate the oil/water flow in the pore-space of a sandstone rock (metal

foam) at different ranges of Reynolds number.

Birgi et al. [82] developed a pore-scale model to evaluate the accuracy of predicting the
multiphase flow in a microporous membrane for membrane distillation applications, using
CFD methods as modeling tools. They evaluated the finite element method (FEM)-based
phase field (PF) method using a COMSOL package and the finite volume method (FVM)-
based volume of fluid (VOF) method applied in Star-CCM. Porto et al. [83] performed a
Multiphase Fluid Flow analysis in Porous-Fibrous Media using the VOF and porous media
models formulated by Darcy’s law in Ansys/Fluent. They obtained different results of resin
volumetric fraction, streamlines, and pressure. Chen et al. [84] used the convection-
diffusion to model the vapor/liquid transport in the polymer-composite-based porous
material, and the model considers both high-pressure convection in the pore network and
continuum diffusion in solids. They combined Darcy’s law, which will be described in
detail in Chapter 6, the liquid-vapor chemical equilibrium, the conservation of mass law,
and the ideal gas law to couple convection and diffusion. Ni et al. [85] investigated the
multiphase flow inside biomaterial porous to predict moisture transport during intensive
microwave heating. They found that internal heating and vaporization significantly

enhanced the transport of vapor/liquid inside the biomaterial. They transported the vapor
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inside the biomaterial by using convective (Darcy)-Diffusion law and the liquid by Darcy’s

law.

Different methods called “one fluid” were developed to study the phase boundary in
different applications, such as volume-of-fluid (VOF) [86], phase field [87], the level-set
[88], and CIP [89] methods. Due to the continuous movement of the interface between two
phases, the physical properties of each phase would change, making the multiphase flow
simulation more complicated than the single phase [90]. The VOF method is characterized
as a mass conservation property and can easily capture the interface between the phases
[91]. The theoretical formulation of the VOF model is based on the assumption that each
cell in the computational domain is filled by one phase or a combination of two phases.
Yang et al. [92] used the VOF model to study the two-phase flow behavior during flow
boiling in coiled tubes. They modeled the evaporation flow using the Lee model in the
UDF. Mghari et al. [93] used the multiphase VOF model to investigate the water vapor
capillary condensation in a microchannel under different Reynolds numbers and mass
fluxes. They used the Lee evaporation-condensation model to model the mass transfer
between the phases. Sun et al. [91] used the fluent VOF multiphase model to simulate the
phase change. They proposed a new phase-change model that is more suitable under the
two-phase condition of one unsaturated but the other saturated. Sandra et al. [95] used the
VOF method to simulate the two-phase flow of a hydrocarbon feedstock. They modeled
the mass transfer between phases using the Lee model written in the UDF and applied it to
the mass conservation Equations for each phase. They assumed no momentum exchange

between the two steps. They used the Piecewise Linear Interface Calculation (PLIC)
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method to reconstruct the interface between both phases in each computational cell. Due
to the multiphase flow dynamic behavior, they applied a transient simulation with a time

step of 0.001 s and obtained a complete boiling process after 14.67 s of real-time.

1.10. Proposed Research Objective

The primary goal of the present research is to study and design a transport-membrane-
condenser-based heat exchanger involving complex heat and mass transfer for waste-heat
and water recovery. The completion of this objective is supported by multiple objectives
including single-phase modeling of heat and mass transfer of the TMC-based heat
exchanger; an extensive parametric study on the TMC geometrical parameters, membrane
properties, and operating conditions; modeling the condensation from the flue gas; deriving
TMC correlations; and performing related multiphase modeling. Each of these specific

objectives is detailed below to set the focus of the present research:

e Examine two different condensation models available in the literature: the wall-
condensation-based Fick’s diffusion law, and the mixed condensation model to
determine the best model that can predict the experimental condensation rate.

e Perform a parametric study using a single-phase multispecies transport model
coupled with the wall-condensation-based Fick’s diffusion law to study the effects
of the membrane properties and geometrical parameters, such as tube diameter and
thickness under different operating conditions (including inlet water temperature
and flow rate as well as inlet flue gas temperature and flow rate), on the

condensation rate and outlet thermal conditions.
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e The heat transfer, mass transfer, and pressure drop imposed by the crossflow
ceramic nanoporous tubes in Transport Membrane Condenser (TMC) will be
modeled numerically using the single-phase-multispecies model coupled with a
mixed condensation model. The study will cover a wide range of tube diameters,
number of rows, and Reynolds number, under flue gas condensation to determine
the optimum conditions of the TMC tube bundle.

e Investigate the impact of the turbulence intensity of the flue gas at various inlet
conditions, such as Reynolds numbers and temperatures, on the heat and mass
transfer and pressure drop characteristics.

¢ Investigate the dominant condensation rate in the transport membrane condenser.

e Due to a lack of heat/mass transfer and pressure drop correlations for the porous
membrane tubes with condensing flue gas, the following two tasks will be
undertaken:

o The numerical results with condensing flue gas will be compared to the
literature's functional correlations for single-phase Nusselt number and
pressure drops. To study the similarities and variations between the TMC
Nusselt number and pressure drops as well as the single-phase correlations
to avoid misuse.

o Proposed a new empirical TMC correlation for heat/mass transfer and
pressure drop with respect to condensation rate, the number of rows, and
the nanoporous membrane geometrical properties.

e Proposed multiphase modeling of heat and mass transfer inside the TMC-based

heat exchanger coupled with condensation-evaporation Lee’s model and Darcy’s
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law. The model will be able to calculate the actual water condensation inside the
flow gas domain using the VOF multiphase model and the transported water

through the membrane tube using Darcy’s law.
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2. CHAPTER II: CFD MODELING METHODOLOGY AND

FORMULATION

In this chapter, the governing Equations, thermodynamic properties of flue gas, and
condensation models will be illustrated in detail. Besides, the numerical TMC model, the
reference experimental model, and the validation of the condensation models will be
performed by comparison of the numerical results with the published experimental results.
The flow dynamics in the TMC are simulated by solving a system of partial differential
Equations (Navier-Stokes Equations) using Ansys/Fluent 2019 R1 [96]. Ansys/Fluent have
been used for years successfully in modeling the heat and mass transfer and design and

structural analysis in different engineering aspects [12-14, 80- 83, 97-98]

2.1.  Single Phase Numerical Model

The Reynolds averaged Navier—Stokes (RANS) model is used to predict the turbulent flow.
The RANS model is chosen for the quick simulation and less computational resource

requirements compared to transient models such as LES and DES.

2.1.1. Basic Conservation Equations

The RANS format of the governing Equations [99] for fluid flow is used to solve the mass,

momentum, and energy conservation Equations as shown below.

Mass Conservation (Continuity Equation):
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2L +V.(pm) =0 )
Momentum Conservation:
9 (nii T = =S P =
5. (P + V. (pum) =—-Vp+[V.(T— pu'u)] +pg (2)

where p, g, dt, i and u’ are density [kg/m3], gravitational body forces [m/s?], time step
[s], Reynold average velocity vector [m/s], and fluctuating component of velocity in time

[m/s], respectively. The average stress tensor is defined as:

- — —T 2 =g

T=,u[(Vu+Vu )—E(V.u)l] 3)
where p is the molecular viscosity [kg/m.s], and I is the unit tensor.

The Reynolds stress tensor —pu’u’ is based on the Boussinesq hypothesis, which assumes
that the Reynolds stress is a linear function of the mean velocity gradients. The Reynolds
stresses are unknown; in the turbulence viscosity model such as and k — & model, the
turbulent viscosity u, is used to relate the Reynolds stresses with the mean velocity
gradient. For incompressible flows, the Reynolds stress tensor is expressed in the form

[99]:
—pu'u’ = pu, (Vi + V") — gpkl 4)

where k and u, are turbulent kinetic energy [m2/s?] and turbulent viscosity [kg/m.s],

respectively.

Energy Conservation:
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%(pc,ﬂ_") + V. (pc,uT) = V.[kVT — pc,u'T'] + ST (5)

where T and T are respectively Reynolds average and fluctuation temperature [K], Cp is

the heat capacity at constant pressure [J/kg.s], and the ST is given as follows:

DCp

T -
St =qy+ pT—, (6)
where ¢y, is the rate of heat source or sink [W/m?].

2.1.2. Species Transport Model

A multispecies transport model has been used to model the transport process of different
species of flue gas and water in the computational domain. ANSYS/Fluent calculates the

local mass fraction of each species, out of the convection-diffusion Equation solution for
the ith species. The multi-species transport that occurs in the flue gas mixture is governed

by the following Equation:
2 (pYD) +V.(puY) = —V.J;+ R + 5, )

where Y; is the mass fraction of the i species, S; is the rate of the creative source term, and

R; is the net rate of production by chemical reaction of the species being calculated.

Since we are dealing with the flue gas (multispecies flows), the mass diffusion coefficients
are required for solving the species transport Equations. The mass diffusion coefficients
are used to compute the chemical species diffusion flux in a laminar flow through Fick's

diffusion law.
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The mass diffusion coefficient for it" species, J;, is the diffusion flux for laminar species
transport Equations using the thermal and mass diffusion coefficients, called Fick’s

diffusion law [100]:

Ji = =pDymVY; = Dy (8)
For the turbulent flow, Equation (8) is rewritten in the form:

Ji = = (PDim + £ ) V¥ = Dy 9)

where D;,, and Dr; are respectively the mass and thermal diffusion coefficients for

species i in the mixture m, Sc¢;, = ,% is the effective Schmidt number due to turbulence
t

flow, u, is the eddy viscosity, and D, is the effective mass diffusion coefficient due to

turbulence.
2.1.3. Turbulence Model

The fluctuation of the velocity as a result of turbulence affects the transport of mass,
momentum, and energy. Computationally, direct simulation of velocity fluctuations and its
effect is not practical. RANS model can handle such kind of turbulence. However, the
unknown terms were introduced into Navier Stokes Equations when converted to the
RANS format, which required additional turbulence Equations to solve the flow Equations.
Various turbulence models are available to solve the turbulent flow field. In this study, the
turbulence model was selected based on the Y ps of the generated mesh. The ypus value is

a dimensionless physical parameter that is used in describing the viscous sublayer in the
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boundary layer near the wall. Since the Y s Of the generated nesh value is less than 2, the
shear stress transport SST k — w has been chosen for the simulation of the tube membrane

model [101-103].

The shear stress transport SST k — w is a k — € model converted into k — w to efficiently
combine the accuracy and strong formulation of the k — w in the near-wall region with the
free-stream independence k — € of the k — € model in the far field. The SST k — w model
is derived from the standard k — w model in the inner region of the boundary and the k — €
model is applied in the outer part of the boundary layer. Both models, the standard k — w
model, and the transformed k — &€ model are multiplied by a blending function and added
together in the near-wall region. The standard k — w model is activated by setting the
blending function as one, while in the region far away from the surface the standard k — ¢

model is activated by setting the blending function to 0.

The turbulence kinetic energy k , and the dissipation rate w, were obtained by solving the

following transport Equations using fluent software [103]:
] ] _ ] ok ~
E(pk)_*'a_xi(pkui):@ [rka—xj + Gy — Ve + S (10)
] a _ ] ok

where S, and S, are user-defined source terms. The effective diffusivities, I}, and I,,, are

respectively given by:

r,=p+*% (13)
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= e
I, = [J+Uk

(14)
where . is the turbulent viscosity modeled given as follows:
_ Pk 1
He = max%s% (15)

where S is the strain rate magnitude, and «* is the damp coefficient for the turbulent

viscosity which corrects a low Reynolds number.

* Ret
. . a0+R—
a* = aoo< Re’:> (16)
1438
Ry
k . ;
where Re, = 2% R, = 6,and o =2

o =2, B; = 0.072.

QAo = Flas, + (1- Fl)aoo,Z

(17)
Bia k?
= b _ 1
aoo,l B %,1@ ( 8)
_Biz K
Fo2 = g 7 urlbn (19)

o, and g, in Equation (13) and (14) are the turbulent Prandtl numbers for w and k,

respectively, and are modeled as :

O-(A) = Fq +(1—F1$ (20)
w1l Ow,2

O-k:

LG (21)
k1 %k2
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F, and F, are the blending functions and are given respectively by:

F, = tanh(¥;) (22)
. vk 5004 4pk
vy = min [max (0.09wy " py? w) ’ aw_zDZ,yz] (23)

where D and y are the positive portion of the cross-diffusion term and the distance to

the next surface, respectively.

+ = L 10kdw 44-10
D} = max [Zp 2o w005, " 10 (24)
F, = tanh(93) (25)
_ vk s00u
Y, = max [2 0.09a)y'py2w] (26)

The production of turbulence kinetic energy, Gy, and production of w, G, are respectively

defined as:

G, = min(Gy,10pS*kw) (27)

G, ==G, (28)
t

v

The dissipation of turbulence kinetic energy, Y, , and the dissipation of w, Y, are

respectively defined as:
Yo = pB"kw (29)

Y, = ppiw? (30)
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Bi = Fifi1(1 —F)p;, (31)

The cross-diffusion term D, is a result of blending the standard k — € model and the

standard k — w model to generate the SST k — w, which is defined as:

Dy, = 2(1 — F)po,,, — o2 (31)

waxj ax]-

The SST k — w model constants, default fluent constants, used to run the simulation are

O—k,l = 1.176, O-k,z == 1.0, Uw,l S 2.0 y O-w'z :1168, ﬁi,l = 0.075, ﬁilz = 0.0828, al ==

031, @i, = 1.0, @, = 0.52, g =7, B = 0.09.

2.2.  Modeling of Condensation Inside TMC

Different models were proposed in the literature to calculate the condensation rate, such as
the lumped parameter model [38], Stefan Maxwell theory [41], Mixed condensation model
[10, 11], Fick’s diffusion law [14], and the two-step chemical reactions on the outer surface
of the TMC tubes [17]. These models proved their efficiency in calculating water transport
through the nanoporous membrane [38, 41, 10,11,14]. The current research will focus on
using Fick’s diffusion law and Mixed condensation model, and then based on the testing

and validation, the heat and mass transfer analysis will be performed.
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2.2.1. Wall-based condensation (Fick’s diffusion law)

A wall condensation model based on Fick’s diffusion law (Mechanistic model) in the
membrane tube has been used to model the membrane’s heat and mass transfer processes.
This model is capable of simulating the transport of the water vapor and heat from the flue-
gas zone to the porous zone and from there to the cooling water zone in a TMC heat

exchanger.

The wall condensation assumption was first derived and discussed by Dehbi et al. [104].
They assumed that the steam condensation rate, in the presence of non-condensable gases,
toward the cold surface is governed by condensable gas diffusion rate using ANSYS CFD
code FLUENT. They applied the condensation model and the sink/source terms using an
appropriate User Defined Functions (UDF). They ignored the effect of the thermal
resistance of the liquid film. Their model applies to a mixture with a significant mass
fraction, more than 0.1, of non-condensable gases. Soleimanikutanaei et al. [12-14] applied
this approach to calculate the water vapor condensation rate on the nanoporous ceramic

membrane.

Dehbi et al. [104] performed a sequence of assumptions and used a subsequent formulation
of the transport formula derived by Bird et al. [105] to derive the wall-based condensation,
as described herein. The mass fluxes for water vapor (condensable species) and the non-
condensable species at the liquid-vapor interface comprise both diffusive and convective

components, as given below:

. Yy e
My = pYpcu—pD “on (32)
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. oY,
me = pYeu—pD—= (33)

where Y, andY,,. are the mass fraction of condensable and non-condensable species, u
and p are the mixture velocity and density, n is the normal direction to the wall, and D is

the mass diffusion coefficient.

The mixture mass flux at the liquid-vapor interface is the addition of the mass flux of

different species in the mixture and equal to unity, and can be written as:
m. +ml,. = pu (34)

where m’,, = 0 due to the fact that the non-condensable gases cannot penetrate the
permeable surface. The mass flux of the condenses at the wall can be expressed by the

following Equation:

1 ay,
PY 5,
(Y, -1) on

m. = pu= (35)

In Ansys/Fluent, the condensation rate toward a cold wall can be applied as a sink in the

continuity Equation of cells next (shadow cells) to the wall, by the given Equation:

my = mj, el (36)
¢ ¢ Veell
7] Y,
me Veey = pYeulcey — pD aAcell (37)

where A..;; and V., are the adjacent cell surface and volume.
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By substituting Equation (35) into Equation (37), the final form of the source term that
accounts for the condensation of the water vapor at the wall can be defined in the continuity

Equation:

o 1 9Yc Acenl
m-= (Y.-1) pD on Veey (38)

The subsequent sink term for water vapor condensation needs to be included in the water

vapor species Equation, which can be written as:

my =Y.' (39)

o 1 9Yc Aceu
My = YC (r.-1) pD on Veen (40)

The condensation rate on a solid wall is implemented as a sink term in the continuity
Equation of the cells next to the cold wall. The source terms in the mass, species, and
energy Equations are implemented to perform the heat and water transfer from the flue-gas
along the porous tube wall. The sink terms respectively for the momentum Equation, S,,,,
the energy Equation, S;, turbulent Equations, and S, and S,, for the adjacent wall cells in

the flue-gas zone are calculated by the following relations:

Sm-i = Ui 7! (41)
Sp=h, my— (42)
Sk = kceurz—: (43)
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Sw = Weenr 15_: (44)

where U; is the mixture velocity, h, is the enthalpy of the water vapor, k..;; and w..;; the

rate of turbulent kinetic energy and dissipation rate.

A sharp gradient in the boundary layer should be avoided, which may lead to an
enhancement in heat, mass, and momentum transfer due to a strong condensation that could
cause a possible suction effect or diffusion. A correction factor must be applied To avoid
the suction effect according to Dhebi et al. [104]. Different correction factors were
proposed in the literature, and the most common one is the Bird correction factor [105],

which is given as:

In(1+B)
HB = B

(45)
where B is the Bird suction parameter, defined as:

B — Yv,i_yv,oo (46)

1—Y,,_l'
The subscripts i and o denotes the interface and the bulk, respectively.

Consequently, the condensation rate toward a solid wall based on Fick’s diffusion law of

species, Equation (40), can be redefined as:

. . 1 Y, Acer
m =0gm, = 05, —— —czcel
cond B!ty B'c (Yc—l)p eff N Veen

(49)
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The effective diffusion coefficient, D.¢r = D, ,, + D, Was used instead of the mass
diffusion coefficient simultaneously with the correction factor, to avoid the no-slip
condition that may occur when the correction factor is implemented in Equation (40). The
effective diffusion coefficient will be active only in the boundary layer close to the

condensing wall, at the wall-nearest cells.

The effective diffusion coefficient is defined as, Do¢r = Dy, + Dy, Where D, is the

diffusivity of species v in the mixture m, and D, is the thermal diffusivity.

Using the User Defined Function, the source and sink terms have been implemented in the
momentum, energy, and turbulence Equations. This is based on the assumption that
condensation of water vapor occurs when the wall temperature is less than the saturation
temperature with respect to the water vapor partial pressure at the adjacent wall. Otherwise,

the water vapor mass fraction at the wall is set equal to the value in the wall-adjacent cell.

The water vapor saturation pressure, P,, is calculated using the following Equation:

(50)

where M, is the water vapor molar mass, M,,;, is the mixture molar mass, and P,,;, IS

the mixture pressure.
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2.2.2. Capillary Condensation

The reported experimental work [28-30] confirmed that the transport of water through the
nanoporous (6 nm) membrane is dominated by capillary condensation. Their results
explain that water transport through the nanoporous ceramic membrane is low in the
Knudsen diffusion mode, while the capillary condensation could transport the water much

more efficiently when the desired flue gas conditions were met.

The capillary condensation phenomenon occurs when the vapor pressure is lower than the
saturated liquid pressure. The capillary pressure is defined as the pressure difference at the

interface between two unmixable fluids, such as oil and water, and can be defined as:

P, = Pnonwetting - Pwetting (51)

The capillary pressure can also be defined by using the Young—Laplace Equation. Which
depends on the wetting angle, 0, surface tension, o, and the effective radius, r, of the
interface. At the equilibrium (no flowing phases), the cylindrical vertical capillary, P, is

given as:

__20cosf _

P, = = gh(p1 — p2) (52)

r

where h is column height, g is the gravitational acceleration, p, and p, are the densities of

the two fluids.

In a porous media, capillary pressure is defined as the force required to squeeze a liquid

droplet through a pore throat of the porous material. The capillary force increases with a
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decreased pore diameter, and it works against the interfacial tension between the two

different phases, see Figure 9.

Capillary condensation of water vapor in the porous media is difficult, due to the non-
uniformity and irregularity of the pore sizes of the inorganic porous membranes. Typically,
the pores have no cylindrical shapes. Uchytil et al. [106] conducted a detailed analysis of

the effect of condensation in porous material due to capillary pressure, as follows.

Non-wetting phase

Wetting phase

Figure 9. The Effect of Tube Diameter in Water Rises in the Capillary due to Capillary
Pressure.

The effect of the pore radius and pressure on capillary condensation is described by

Kelvin’s Equation [107]:

(ﬂ) In (&) _ _ 20 cosf (53)

M Py r

where v is the interface condensation (P, < P,).

47



The effect of non-uniformity of the geometrical configuration pores of the nanoporous
material on the water transport was considered by including the tortuosity effect of the

porous layer. The transport of a liquid in a porous material is modeled by Poiseuille flow:
_ A (E\(.P
¢ = 4 (1’ ) (Squ) AP (54)

The tortuosity, t, of the nanoporous ceramic membrane is governed by the following

relation as a function of porosity, €:
T=1-In(e) (55)

The driving force for the liquid flow is the (capillary) pressure drop, AP, due to the liquid
transport in the porous media with menisci, as derived from Young—Laplace Equation for
liquid flux in pores with two menisci. Assuming the nanoporous layer is a straight
nanopore, as represented in Figure 10, and the contact angles on both sides of the nanopore

are the same.

Figure 10. A One Meniscus Pressure Condition Occurs in a Vertical Pore Configuration

with one Meniscus.
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The capillary pressure difference for one nanopore is derived as follows:

a (56)

- (57)
where P; and P3, are the pressure at each side of the liquid interface, and r is the radius

of the cylindrical capillary. By substituting Kelvin Equation into Equations (56) and (57):

P =P, + (%) In ('IE—:)

(58)
Py =P, + (20 )In (";—0) (59)
As a results, AP will be:
AP, =P} —P; = (P, — P;) + (&) In (‘;) (60)

where

n(2) = m(252) = ) = o e

ln(l + (PZ - Pm) /Pm) (61)

Applying the truncated Taylor series for logarithm to the right side of Equation (61):

ln(l + (Pl - Pm) /Pm) - ln(l + (PZ - Pm) /Pm) = ((Pl - Pm) /Pm) -

((PZ - Pm) /Pm) = (Pl - Pz) /Pm (62)
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AP, =P} —P; = (P — P;) + (57) 5 (63)

where P,,, = (Plziz) is the average pressure on both sides of the porous layer.

The transport of a liquid in a porous material, Equation (54), due to capillary condensation

can be rewrite in the form:

D¢g (P1—P,)
Peap = (_p€ )% (64)

X

where Dq,is the coefficient of the diffusion flux in the liquid-filled side, and is given as:
= PIRT (T2 PIRT
Deap = ™ (8#1) [1 + P, ] (65)

where p; and y; are the density and viscosity of the condensed liquid, T is temperature, r

is the pore size, and R is the gas constant, M is the molecular weight.

2.2.3. Mixed condensation model

The mixed condensation proposed by Soleimanikutanaei et al. [10, 11], which is based on
the linear addition of the wall condensation and capillary condensation in the membrane,

can be written as:

. (Tmax—Twa ) . .
Pcona = e Pwc + Pcap (66)

(Tmax —Tm in)
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where Tyax, Tmin » and Ty, are the maximum, minimum, and wall temperature,
respectively. The ¢y, and ¢4, are condensation on the solid wall and the capillary

condensation, respectively, and are given as:

. 1 Yy Acell-wa
Pwe = O (m)ﬂ Dym g~y (67)
. L plETEAp
Peap = Al"lMsTlx (68)
where,
Ap = (py —p2)(1+ pRT/(Mpy,)) (69)

The mixed model has been proved as an efficient model that can simulate the transport of
the water vapor and heat from the flue-gas zone to the porous zone and from there to the

cooling water zone in a TMC heat exchanger.

The condensation rate was adjusted based on the previously published experimental data

from the GT1 [28] and by the correction factors, C; and Cy,.

. (Tmax—Twait) . .
Pcond = —max_wall- Cfl(pWC + sz(pcap (70)

(Tmax _Tmin)

The condensation model was applied to the shadow cells of the membrane tube via the
UDFs. The condensation rate on a solid wall is implemented as a sink term in the continuity
Equation of the cells next to the cold wall. The source terms in the mass, species and energy
Equation were implemented to perform the heat and water transfer from the flue-gas along

the porous tube wall. The species source is employed in the liquid water transport Equation
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on the porous wall side, and the species sink term is employed in the water vapor transport
Equation on the flue-gas zone. Also, the energy source has been applied to the flue gas and
porous wall side. The effective thermal conductivity of the nanoporous membrane [17] was

calculated by:
Aeff = e/lfg + (1 - S)Asolid (71)

where A is the flue gas thermal conductivity and A4 is the solid thermal conductivity.

2.3.  Numerical Data Analysis

2.3.1. Heat transfer analysis

In the present numerical study, the Reynolds number, Rep 4, Was evaluated at the

maximum velocity of the flue gas, V,, and it was in the range of 170 to 8900. So, the

ax,fg’
effect of the laminar and turbulent flow was considered during the simulation. The Rep ,qx

is given as:

_ PVmax,fgdo _ St
ReD,max - P ) Vmax - Sp—doyt Vfg,i (72)

where d, and V,; are the outer nanoporous tube diameter and inlet flue gas velocity,

respectively, and S is transverse pitch.

The average convection Nusselt number, Nu,,,,,, and overall convective Nusselt number,
Overall Nu.,,,, were evaluated from sensible heat transfer and calculated by the

following relations:
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Nucony = g (73)

— Qs
hs = (Tg—Te)nmd,L (74)
Overall Nu,yp,=1 * NUcony (75)

where n is the number of tubes, L isthe tube length, ng Is the average flue gas temperature,
T, flue gas exit temperature, As, is the flue gas thermal conductivity [W/m], and Q is the

sensible heat transfer through the tube bundle [20] and is defined as:

Qs = (mfg,i - (pcond)cp,fg (ng,i - ng,e) - (pcondcp,v (ng,i - Tw) (76)

where T¢, ; is the inlet flue gas temperature, and C,, ,, and C,, ¢, are the vapor and flue gas

heat capacity at constant pressure [J/kg.s], respectively.

The inlet mass flow rates, ¢, ;, of the flue gas were calculated based on the flue gas
properties, velocity, and surface area of the tube inlet. The condensation-convection
Nusselt number Nu,nq—cony Was calculated to evaluate the Nusselt number for sensible
heat transfer and latent heat transfer, due to simultaneous condensation of water vapor, and

is given as:

hid
NUcong—conv = % (77)
fa
hi = (yg—@cond)Cp,re (Trgi=Trg.e) (78)

(ng —Te)mdoL
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h. = CreManlpy (Trg,i=Trg.e) (79)
cap (Tpg—Tw)md,L

(Tmax-Twail) .
maE_wallspiyy, oy Cpy (Trg,i=Trg,e)

_ Tmax—Tmin
hwall - (ng_ w)ﬂ'doL (80)
2.3.2. Hydraulic resistance analysis
The Euler number, Eu, is defined as:
_ _bp
Eu = PV#Lax,fg (81)

where Ap is the pressure drop across the tube bundle. The friction factor is defined as

[108]:
= (82)
where, Dy, is the hydraulic diameter and is given as:
D, = 4x(Net Free Volume) _ 45rSL do (83)

Friction surface d,

where S;and S; are the longitudinal pitch and transverse pitch, respectively.

2.4.  Description of TMC-Based Heat Exchanger Model and Related Experiment

2.4.1. TMC experimental description

The experimental setup and results performed and previously published by the GTI [28]

were adopted for the current research. Figure 11 represents the experimental staggered
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nanoporous ceramic membrane (TMC) tube bundle. The tubes were protected by metal
plates from both sides to reinforce the strength of the module structure. The TMC tube
bundle was used for the lab scale experimental setup to recover the sensible heat and water
vapor as well as its latent heat from the flue gas. The TMC tube bundle consisted of 78
nanoporous ceramic tubes of 431.8 mm in length and was arranged in staggered

configurations.

Figure 12 represents the schematic diagram of the lab scale experimental setup and the
equipment used to run the TMC heat exchanger by the GTI laboratory [28]. The
experimental test rig consisted of TMC heat exchanger, and measurement instruments/
regulators for temperature, pressure, humidity, and flow rate. They measured the
condensation rate by calculating the difference between the outlet and inlet conditions of
flue-gas passes across the TMC module. The TMC heat exchanger was installed
horizontally, and the flue gas flowed vertically from the bottom side to the upper side
through the TMC tube bundle. The physical properties of the TMC tubes are presented in
Table 3 and experimental results are represented in Table 4. A more detailed description

of the experimental setup can be found in [28].
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Figure 11. TMC Staggered Tube Bundle Used for GTI Experimental Setup [28].
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Figure 12. Schematic Diagram of TMC Experimental Setup [16].
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Table 3. Physical Properties of the TMC Tubes

Tube material

Nanoporous ceramic membrane

Porosity
Density, kg/m?

Thermal conductivity of solid material, W/m.K

Average pore size diameter, pm
Heat capacity, J/K.kg

Tube length, mm

Inside tube diameter, mm

Outside tube diameter, mm

0.2
3790
30

4

30
431.8
3.51
5.49

Table 4. Inlet and Outlet Conditions of the Experimental Results [28].

Case Vwin Vigin Tg,0ut M eong
oumber g Ton KL g etk g [kg/hr]
1 316.4 0.028 3450 0511 3218 3245 072

2 305.0 0029 3548 0526 3243 3272 145

3 293.9 0.017 355.2 0526 3272 3232 146

4 315.7 0.027 355.6 0525 3283 3299 148

5 304.8 0028 3448 0512 3252 3259 166

6 305.3 0043 3559 0526 3184 3228 187

7 294.4 0028 3553 0526 3224 3245 223

8 305.3 0085 3555 0527 3163 3241 242

9 2933 0.041 354.9 0527 3184 3214  3.06
10 293.9 0088 3545 0524 3084 3183 367

where Tw,in, Vw,in, Ttg,in, Vig,in, Tw,out, aNd Trgou are the inlet water temperature, inlet cooling

water velocity, inlet flue gas temperature, inlet flue gas temperature, outlet water
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temperature, and outlet flue gas temperature, respectively. The inlet and outlet temperature
were measured at the inlet and exit of the TMC module. The 7i1.,,4 IS the condensation
rate which was calculated based on the water vapor mass fraction difference of the water

vapor content between the flue gas inlet and outlet.

2.4.2. Numerical Model Description of the TMC-Based Heat Exchanger

Geometry

The TMC tube bundle geometry and configuration adopted in the current study are similar
to the GTI [29] lab scale model. The geometry was generated using the design modeler
Ansys/Fluent 2021. The TMC model is in a staggered configuration and consists of 78
nanoporous ceramic tubes arranged in 12 rows, as shown in Figure 13. To reduce the
simulation time and cost, only one-half of the geometry has been simulated with the
symmetry boundary shown on the right side of Figure 13. The tube wall is made of ceramic
nonporous material. The geometry is divided into three main domains: the flue gas domain,
the porous domain, and the water domain. This model replicates the experimental model and

conditions of GT1 [28].

The transport membrane condenser model comprises a number of rows, with a total number
of tubes of Ng, arranged in a staggered configuration and surrounded by flue gas. The first
row contains 7 tubes and the second row 6 tubes. The basic model consists of 78
nanoporous membrane tubes. However, in Chapter 4 the number of rows will be varied:
the first and second rows were duplicated at each step to increase the Nr from 2 to 24, with

the same dimensions and specifications. The design modeler of ANSY S software was used
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to generate geometry. The corresponding characteristic dimensions represented in Table 5

were used for the numerical simulations unless it is stated otherwise.
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Figure 13. TMC Staggered Tube Bundle Geometry and boundary Conditions.

The flue gas flows outside the nanoporous ceramic tubes from the bottom to the top side of
the TMC staggered bundle, while the cooling water flows horizontally inside the tubes. The

condensation of the water vapor occurred at the outer surface of the tube and through the
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pores. The non-condensable gases were prevented from transferring to the other side of the
membrane once the membrane pores were filled up with condensate water. The transported

water joins the cooling water with its latent heat and sensible heat.

Table 5: Dimension of the TMC Staggered Tube Bundle

Geometrical parameters

Number of tubes 78
Outside diameter, do (Mmm) 5.49
Inside diameter, di (mm) 3.51
Longitudinal pitch, S. (mm) 8.79
Transverse pitch, St (mm) 13.61
Tube Length, L (mm) 431.8

The tube wall is made of ceramic nonporous material that is responsible for transporting
the water vapor from the flue gas side to the water side. The water vapor condenses at the
outer surface of the tube wall and transports it to the other side through the nanoporous
material. The recovered water is carried away with cooling water as fresh water. The
cooling water becomes warmer as it flows from its inlet to the outlet as a result of absorbing
latent heat because of condensation and sensible heat due to temperature differences. The
flue gas temperature and moisture content will reduce as it flows from the inlet to the
outlet. The water vapor from the flue gas releases the latent heat as a result of the
condensation at the surface of the nanoporous ceramic membrane. The membrane
condensers allow the condensed water to permeate through the membrane sideways along

with heat transfer.
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Numerical computational mesh

The mesh was prepared using the meshing tools of Ansys/workbench with hexahedral
elements, Figure 14. The multi-block hybrid 3D computational mesh was used to tackle
the geometry complexity and the computational efficiency and cost at the same time, with
hexahedral elements. The solution sensitivity to the mesh quality was performed by

increasing the mesh size from 0.7 million to 3.05 million cells.

The results of the grid independence study are presented in Figure 15 for the tube diameter
of 5.486 mm, with the boundary conditions listed in Table 6. As seen, the outlet flue gas
temperature and condensation rate are almost the same as the mesh size or the number of
the control volumes is increased from 2.34 to 3.05 million, which indicates that a mesh size
of 2.34 M is suitable for the TMC-based heat exchanger simulation. Similar mesh-type and
sizing were used to generate the mesh for other tube bundles with different tube diameter

geometry.

Figure 14. Computational Mesh for TMC Tube Bundle.
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Table 6: Boundary Conditions Used for Mesh Independence Study.

Boundary conditions Inlet flue gas mass fraction
Water inlet velocity, m/s 0.027 H-0 11.4%
Water inlet temperature, K 298 0O, 4%
Flue gas inlet velocity, m/s 0.526 CO; 9%
Inlet flue gas temperature, K 355 N> 75.6%
2.16 ‘ ; ' 320
Condensation Rate —#—
T —e— |
T fg,out ° 319
;20 2.12 318
o ~
g I
_5 2.08 i
§ 1 316 5
5 . o
T 204 o3
@)
1314
2 : : : : 313
0.5 | 1.5 2 2.5 3

Number of Control Volume [Million]

Figure 15. Grid Independence Study.

2.4.2.1.  Solver settings and boundary conditions

Ansys/Fluent 2019 R1 CFD code with the Finite Volume Method (FVM) was used to
model the flow inside the TMC-based heat exchanger. A double precision pressure-based
solution method was considered in this study. In all the numerical simulations of single-
phase numerical modeling, the Equations were solved using the following numerical

schemes unless it is stated otherwise:
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e The Coupled algorithm was used to couple the pressure and velocity.

e The Least Squares Cell-Based method was used for gradient spatial discretization.
e The Presto scheme was used for pressure discretization.

e The Second Order scheme is used for momentum, species transport, and energy

Equations discretization.

The solution was obtained under steady-state conditions. The convergence criteria were set
to 107 for all the governing Equations. The Reynolds Averaged Navier-Stokes (RANS)
Equations were used to describe fluid dynamics. In addition, to monitor residual
convergence in all calculations, the area-weighted average of the outlet water temperature,
outlet flue gas temperature, and condensation rate were monitored during the simulation to

ensure solution convergence.

The inlet conditions, for both flue gas and water, were set as velocity inlets to target the
effects of the Reynolds number in the heat and mass transfer inside the TMC. The boundary

conditions are represented in Figure 13.

2.5.  Flue Gas Thermodynamics Properties

The mixture thermodynamics properties were calculated based on each species’ mass
fraction and its thermodynamics properties. The thermodynamic properties of the non-
condensable species were obtained from the NIST database [109] and were implemented

in the Fluent solver.

The point-piecewise linear function was used to correlate the properties at different flue

gas temperatures. The experimental temperature was in the range of 293.15 to 366.4 (K)
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which are the minimum cooling water inlet temperatures and maximum flue-gas inlet
temperature. Figure 17 represents five points function for each property for non-
condensable gases, CO2, NO2, and O.. The liquid water and water vapor properties were
defined using the Equations in Table 7. For the water vapor, the thermodynamic properties
available in the fluent solver also meet the criteria of the current work and were used during

the simulation [110].
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Figure 16. Thermodynamic Properties of Flue Gas Non-Condensable Species N, O, and
CO:.. (a) Density , (b) Specific heat, (c) Thermal Conductivity, and (d) Dynamic Viscosity.
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Figure 16 (continued). Thermodynamic Properties of Flue Gas Non-Condensable Species
N2, Oz, and COy. (a) Density , (b) Specific heat, (c) Thermal Conductivity, and (d)
Dynamic Viscosity.

65



Table 7: Thermodynamic properties of water vapor and water liquid for temperature ranges 0 °C
to 288 °C [109]:

property Water vapor Water liquid

Specific ¢, = 1.8653 +1.0881 x 10~°T ¢, = exp (1.4423 — 8.4025 X 107*T + 1.41 x
heat +4.4902 X 107°T2 107572 — 7.3846 x 107873 + 1.4856 x

[J/K. kg] + 1.0183 x 107773 1071074)

Dynamic = 107°%x (9.1445 + 0.029257T u = exp (—6.3933 — 0.026299T

viscosity +1.9067 x 1077 T?) + 9.7341 x 107*T?
[Kg/m.s] — 1.3986 x 1077T3)
Thermal k= 0.017071+ 53167 x 1075T +2.322 x k= 0.56611 + 0.002048T — 1.0205 x 107> T2

conductivity

1077 T2 +3.8962 x 10710 13

+1.1897 x 1078 T4

[Wim. K]
Density p =1002.6 — 0.2177T — 0.0020099T? —
[Kg/m3] 1.6478 x 107 T3

2.6.  Numerical model assumptions and simplification:

The following assumptions were considered during the numerical modeling:

e Steady-state simulation.

e The condensation rate is governed by the rate of diffusion of condensable gases

toward the cold surface and capillary pressure inside the pores.

e Based on Kelvin Equation, the capillary condensation in nano-pores occurs when

the condensing species partial pressure is lower than its vapor pressure.

e The source terms were added to the basic Equations and species transport Equation

applied to the cells adjacent to the wall (shadow) in the porous zone, and the source

terms were added to consider the species transport from the flue gas to the porous

media.
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e Since the simulation is based on condensate the water vapor of flue gas, the species
source was added to the liquid water transport Equation and the species sink term
was applied to the water vapor Equation in the flue gas domain.

e Capillary condensation (Kelvin Equation) ignores the effect of statistical film
thickness (condensation film).

e The model cannot capture the hysteresis caused by the condensation. Since the
radius of the cylindrical capillary (r) is considered constant in Equation (53).

e The effect of the nanoporous membrane (irregular) geometrical configuration on
the water transport is included by defining the tortuosity of the porous layer in the
Mixed condensation model.

e The nanoporous layers are assumed to be a regular shape.

e The condensation rate was adjusted based on the previously published experimental

data.

2.7.  Numerical Model Validation

In order to verify the validity of the present numerical results, the values of the
condensation rate, outlet flue gas, and outlet water temperature were compared with the
experimental data published by [28]. The wall-based condensation model and the mixed
condensation model were tested and compared. The operating conditions during the
simulation were set similarly to the experimental operating conditions. The condensation
model has been applied to the numerical simulation by using the user-defined function in

the Fluent software. Table 4 shows the operating condition for the model validation.

67



Figure 17 compares the condensation rate between the numerical model and the
experimental results, with generally a good agreement between the two results. The error
of the predicted condensation rate is less than 13% except for one case of about 25%. The
errors associated with the outlet flue gas temperature (Figure 17b) and outlet water
temperature (Figure 17¢) were less than 4% and 6%, respectively. As seen, the numerical
model can predict the condensation rate and heat transfer inside the TMC heat exchanger

with good accuracy.
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Figure 17. Numerical validation of the TMC staggered tube bundle.
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Figure 17 (continued). Numerical validation of the TMC staggered tube bundle.
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3. CHAPTER III: SINGLE PHASE MODELING OF TMC USING FICK’S

DIFFUSION LAW

In this Chapter, a condensation model based on Fick’s diffusion law in the membrane tube
[4, 8] has been used to model the membrane’s heat and mass transfer processes. This model
is capable to simulate the transport of the water vapor and heat from the flue-gas zone to
the porous zone and from there to the cooling water zone in a TMC heat exchanger.
Transport of the water vapor and other species among those three zones is modelled using
appropriate User Defined Functions (UDFs) in the computational fluid dynamic code
ANSY'S Fluent. The effects of the membrane properties and geometrical parameters, such
as tube diameter and thickness, and different operating conditions (inlet water temperature
and flow rate as well as inlet flue gas temperature and flow rate) on the condensation rate
and thermal outlet conditions will be investigated and discussed. Table 8 represents the

boundary conditions used in the simulation.

Table 8. Boundary conditions

Working fluids Inlet Conditions Inlet flue gas mass fraction
Water inlet velocity, m/s 0.027 H,0 11.4 %
Water inlet temperature, K 290-308 0O, 4%

Flue gas inlet velocity, m/s 0.526 N> 75.6 %
Inlet flue gas temperature, K 355 CO; 9%
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3.1. Effect of membrane tube diameters

The effect of the inlet water temperature on the condensation rate and outlet temperature
of the flue gas for different tube outer diameters (do), different tube internal diameters (d;),
and membrane porosity is studied numerically for a cross-flow TMC heat exchanger. To
study the effect of tube diameter, the inlet temperature of the flue gas, the inlet velocity of
the water, and the flue gas are fixed during the simulation. Also, the geometrical
parameters, including tube length and longitudinal and transversal pitches, have been set
to L= 431.8 mm, S;= 17.57 mm, and S; = 6.81 mm, respectively. The study of the tube
diameter is divided into two cases: in the first case, d; is fixed while d, is varied; in the

second case, do is fixed while d; is varied.

Figures 18a and 18b represent the effect of the inlet water temperature on the condensation
rate and outlet flue gas temperature, respectively, for different outer tube diameters. As
seen in the Figures, an increase in the inlet water temperature reduces the condensation rate
significantly (Figure 18a) and increases the outlet temperature of the flue gas linearly
(Figure 18Db), because of the reduction in the temperature difference across the TMC tube
as the cooling water temperature increase, which reduce the heat transfer and condensation
rate as well. The variation of the tube outlet diameter also shows an effect on the
condensation rate and flue gas outlet temperature; increasing the tube outer diameter by
38% increases the condensation rate, less than 5%, and reduces the flue gas outlet
temperature slightly, about 1%. The reduction in the outlet flue gas means more heat

transfer occurred across the TMC exchanger.
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Figure 18. Effect of the Outlet Tube Diameter at Different Inlet Water Temperature at
Different Inlet Water Temperature, Porosity= 0.20, di=3.51 mm.

The variation of the outer tube diameter changes the tube spacing in the staggered tube

bundle. As a result, an increase in the outer tube diameter decreases the tube spacing and
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increase the tube surface area available for condensation and heat transfer, which enhances
the flue gas turbulence inside the tube bundle, resulting in an enhancement in the heat

transfer and the condensation rate.

Figures 19a and 19b represent the effect of the inlet water temperature on the condensation
rate and outlet flue gas temperature, respectively, for different inlet tube diameters. The
variation of the inlet temperature showed more effect on the condensation rate and heat
transfer as compared to the other studied parameters. As the water temperature increased
from 290 to 308, about 6%, the condensation rate decreased by about 30% and 34%, and
the outlet flue gas temperature increased by about 4% and 3%, for di=4.7 mm and di= 3.18
mm, respectively. This is due to the reduction in the temperature across the membrane tube
wall. As shown, variation of the internal tube diameter also significantly effects on the
condensation rate and flue gas outlet temperature; increasing the internal tube diameter by
38% results in an increases in the condensation rate, about 22% to 29%, and reduces the
flue gas outlet temperature, over 2%. This is related to an increase in the amount of cooling
water flowing inside the tube and to a reduction in the flow velocity as the inlet tube
diameter increases, which decrease the flow residence time, increase the heat transfer
between two sides of the membrane tube that reduce the flue gas temperature and enhance
the condensation of water vapor from flue gas. It should be noted that the variation in
internal tube diameter has a larger effect on the heat transfer and water vapor condensation

than the outer tube diameter.
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3.2.  Effect of Membrane Porosity

Figure 20 represents the effect of membrane porosity on the condensation rate. As seen,
increasing the membrane porosity from 0.2 to 0.4, which represents 100% of increase,
reduces the condensation rate. The variation in the condensation rate was between 4.4% to
5.2%, for the range of the given inlet water temperature. However, 0.5 increase in the
porosity at each step shows that the condensation rate becomes less sensitive to the
variation in the porosity. For instance, increasing the porosity from 0.2 to 0.25 enhances
the condensation rate by 1.5% for Tw= 293 K, as compared to increase the porosity from
0.35 to 0.4 that enhances the condensation rate by about 0.95%. The enhancement in the
condensation rate with porosity is because of the linear relationship between the effective
thermal conductivity of the porous material and its porosity, as the porosity € increases, the
effective thermal conductivity decreases. As shown by the relation for the effective thermal

conductive A, below:

where A, is the fluid thermal conductivity and A; is the solid thermal conductivity [17,

110].

A reduction in the effective thermal conductivity could reduce the heat transfer rate across
the membrane. In addition, a higher porosity may reduce the capillary driving force
potential, which may also reduce the water penetration rate through the membrane. Both

factors mentioned above could contribute to the reduction in condensation rate.
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Figure 20. Variation of the condensation rate at different porosity and different water inlet
temperature, at outer diameter do=0.3, di=0.125.

The effects of different parameters such as inlet water temperature, tube outer diameter
(do), tube internal diameter (dij), and porosity on the condensation rate and outlet
temperature of the flue gas in a transport membrane condenser were studied numerically.
Variation of these parameters showed a slight to significant effect on the heat transfer and
condensation rate. Within the examined parameters ranges, the highest results were found
at inlet water of 293 K, the porosity of 0.2, outer tube diameter of 7.62 mm and inlet tube
of 4.70 mm. The results were more sensitive to the variation in the inlet water temperature
than the inner and outer tube diameters. Also, the variation of the inner tube diameter has
a higher effect on the results than the outer tube diameter. A 38% increase in the internal
tube diameter enhances the condensation rate by about 22% to 29% and reduces the flue

gas outlet temperature by over 2%. Compared to a 38% increase in the outer tube diameter,
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which shows an enhancement in the condensation rate, less than 5%, and reduction about
1% in the outlet flue gas temperature. However, a slight variation in the porosity and outer
tube diameter showed a slight or negligible effect on the results. The maximum variation
was found as a result of increase the porosity from 0.2 to 0.25, and a further increase in
the porosity shows no significant enhancement in the condensation rate such that as the

porosity increase from 0.35 to 0.45 the condensation enhanced with less than 1%.
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4. CHAPTER IV: SINGLE PHASE MODELING OF TMC USING MIXED
CONDENSATION MODEL
In this chapter, the single-phase heat and mass transfer of the TMC with a staggered tube
bundle will be investigated using the mixed condensation model. An extensive parametric
study will be conducted, including the effects of the geometrical parameters, such as tube
diameter and the number of tube rows, and the Reynolds number on the condensation rate
and outlet thermal conditions. The mixed model has been proved as an efficient model to
simulate the transport of the water vapor and heat from the flue-gas zone to the porous zone
and from there to the cooling water zone in a TMC heat exchanger. The mixed
condensation model involves small-scale transport phenomena and takes into account the
physical properties of the porous membrane, such as the membrane pore size, porosity, and

tortuosity. The validation of the mixed condensation was already represented in Chapter 2.

The inlet conditions for both flue gas and water, were set as velocity inlets to target the
effects of the Reynolds number on the heat and mass transfer inside the TMC. In all
calculations, the water at the inlet flows horizontally at a set velocity of 0.09 m/s from the
left-hand side to the right-hand side inside the tubes with a set inlet temperature of 300 K.
The temperature of the inlet flue gas was set to 355 K, while its flow velocity was variable
in a vertical direction from the bottom side to the upper side of the tube bundles. The
corresponding characteristic dimension and boundary conditions presented in Table 9 were

used for the numerical simulations unless it is stated otherwise.
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Table 9: Dimension and boundary conditions of the TMC staggered tube bundle

Geometrical parameters Boundary conditions
Number of tubes, Nr 2-24 Water inlet temperature, (K) 300
Outside diameter, do(mm)  4.572—7.62 | Water inlet velocity, (m/s) 0.09
Inside diameter, di (mm) 3.5052 Flue gas inlet temperature, (K) 355
Longitudinal pitch, S, (mm) 8.788 Flue gas Reynolds number, Rep,max 170 - 8900
Transverse pitch, St (mm)  13.61 Membrane tube Porosity (-) 20%
Tube Length, L (mm) 431.8 Membrane Thermal conductivity 30

(W/m. K)

4.1.  TMC Versus Stainless Steel-Based Heat Exchangers

Different simulations using Ansys/Fluent 2019 R1 were conducted to compare the heat
transfer and pressure drop in the TMC heat exchanger with the heat transfer and pressure
drop in the stainless-steel heat exchanger. The characteristics dimensions of both heat
exchangers are the same. The comparisons of the results are shown in Figure 21 in terms
of variation of the Nusselt number and Euler number. As seen, the performances of both
heat exchangers exhibit the same trends; the Nusselt number and Euler number increases
with an increase in the Nr and Reynolds number. As Nr increases from 2 rows to 24 rows,
the Nusselt number increases by about 1076% and 1160%, for TMC tube bundle and
stainless-steel tube bundle increases, respectively. Also, as Nr increases from 2 rows to 24
rows, the Euler number increases 1020% and 1090% for TMC tube bundle and stainless-
steel tube bundle, respectively. In general, the TMC Nu,,,, is higher than that of the
stainless-steel heat exchanger, the maximum and minimum differences between TMC and

stainless tube bundles were found as 4% and 22% for Nr=22 and Nr=10, respectively. the
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TMC Eu is slightly lower than that of the stainless-steel heat exchanger, about 5% to 11%
for the given range Nr. It should be noted that the effective thermal conductivity of the
nanoporous ceramic membrane tube bundle is higher than the stainless-steel tube bundle,
and the continuous removal of the condensate from the flue gas reduces the thermal

resistance at the outer tube surface, which increases the overall Nu_,,,,, of the TMC.
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Figure 21. Effect of the Staggered Tubes Nr on the Overall Convective Nusselt Number
and Euler Number for the TMC Tube Bundles Compared with Stainless-Steel Heat
Exchangers at Rep max=320, Trg=355 K, and Tw,in=300 K.

Figure 22 also represents the variation of the overall Nu,,,, and Eu with different
Reynolds numbers for both stainless steel heat exchangers and TMC-based heat
exchangers. At low Reynolds number the Nusselt number for the stainless-steel bundle was
higher than the TMC bundle about 20%. However, increasing the flue gas Reynolds

number enhance the Nusselt number for TMC tube bundle compared to the stainless steel
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one, the difference was increased from 6% to 27% for the Rep max=878 to 5762. The same
Euler number effect trends on the Kind of tube bundle were found in previous paragraph,
the TMC Euler were lower than the stainless-steel Euler number, with a minimum
difference 11% at Repmax==320 and a maximum 92% of Rep max=4000. However, the
variation of Reynolds number showed an inverse relation with Euler number, as Reynolds
number increases the Euler number reduce. The reductions were 56% and 71% as Reynolds

number increased from 173 to 5762, for TMC and stainless-steel tube bundles,

respectively.
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Figure 22. Effect of Reynolds Number on the Overall Convective Nusselt Number, and
Euler Number for the TMC compared with Stainless-Steel Heat Exchangers for Nr=12.

The Figure also represents a comparison between a TMC with flue gas as the working fluid

and a TMC with an air/water-vapor mixture as a working fluid. The difference between the
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working fluids is the existence of CO3 in the flue gas. The mass fractions of the flue gas
species were obtained from the GTI experimental measurement of a power plant, which
was given as COz = 4.0%, H20 = 11.4%, N> = 75.6%, and 0,=9.0%, while the air/water
vapor mixture species mass fractions were set to H>O = 11.4%, N2> = 75.6%, and O,=13%.
A slight change in the overall Nu,,,,, and a significant change in the Eu were noticed as
the working fluid changes from flue gas to an air/water-vapor mixture. The Nusselt number
was higher, with a maximum 23% for the lowest Reynolds number, for the air mixture
than the flue gas. The Euler number of the air mixture is higher than the flue gas, 13% to

86%, for the given range of Reynolds number.

4.2. Heat Transfer of a TMC Tube Bundle

The primary objective of designing the TMC-based heat exchanger is to enhance heat
transfer and condensation rate, minimize the pressure drop along the heat exchanger and
minimize the number of TMC tubes needed. In the following sections, the effect of the
number of rows, Ng, tube diameter, and Reynolds number of the TMC tube bundle were

studied numerically.

4.2.1. Effect of the Number of Rows on the Convective Nusselt Number

The TMC-based crossflow tube heat exchanger involves multiple rows of tubes. The flue
gas flows perpendicularly to the outer surfaces of these tubes, which increases the
turbulence as well as heat and mass transfer at the outer surface of the tube bundles. The

heat transfer from the flue gas to the water in the first row of the tube bundles differs from
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the tubes in the other rows. The tubes in the front row are surrounded by smooth boundary
layers as compared to the tubes in other rows that are prone to turbulent flow with eddies,
which enhance heat and mass transfer. In the staggered tube bundle, the flue gas departs
from the first row with a substantial amount of momentum, which leads to an impact on
the second row that is lying on the flue gas jets’ paths. The selection of the number of tube

rows is critical to the heat exchanger's efficiency.

Figure 23 represents the variation of overall Nusselt for different staggered Nr at different
Reynolds numbers, which is based on the maximum fluid velocity within the tubes. The
lines in the Figure represent the condensation-convection Nusselt number, which considers
the sensible heat and the latent heat due to the condensation of water vapor. The shapes
represent the convective Nusselt number based on the sensible heat only. It is clear that Nr
has a significant effect on heat transfer. As Nr increases, so does the Nusselt number. As
Nr increases from 2 to 4, the Nusselt number was doubled for the underlined Reynolds
numbers. However, at a low Reynolds number, the effect of an increase in Nr is less than
that at a high Reynolds number. For example, an increase in Nr from 12 to 24 increases
the Nusselt number by about 54% and 57% for Repmax= 320 and 878, respectively and
about 128% and 125% for Rep,max=1756 and 4073, respectively. From one point of view,
this can be related to the high residence time of the flow in the domain at a low Reynolds
number, where most of the heat and mass transfer occurs at the first few rows of the tube
bundle. From another point of view, this can be related to the high turbulent flow around
the upstream tubes for a high Reynolds number, the velocity contour map shown in Figure

25.
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Furthermore, the heat transfer increases with increasing Nr because of the increase in the
surface area available for heat transfer as well as an increase in the flue gas turbulence, as
a result of narrowing flow passages as the tube number is increased. A staggered tube
bundle promotes a stronger turbulence intensity, leading to an increase in the heat transfer
of the inner rows, as compared to the first two rows. A further discussion on the flue gas
turbulence intensity will be detailed in Section 4.6. It should be noticed that the latent heat
due to condensation of the water vapor enhances the heat transfer significantly and
increases the Nusselt number by up to 23% for Rep,max= 320 and Nr = 24. Based on this
generated data a Nusselt number correlation as a function of Reynolds number, Ng, flue

gas properties and staggered geometrical parameters will be represented and discussed in

Chapter 5.
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Figure 23. Variation of the overall Nusselt number with the different TMC tube Nr at
different Reynolds Number.
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4.2.2. Effect of Tube Diameter on the Convective Nusselt Number
The heat transfer from the flue gas on the TMC tube bundle was also studied numerically
for different tube outer diameters (do). Figure 24 represents the overall Nusselt number for
12 rows of staggered tube bundles of different tube diameters. The results showed that an
increase in the tube diameter increases the Nusselt number. The smaller diameters of do=
5.49 mm and 4.57 mm have lower heat transfer and Nusselt numbers than the other two
larger tube diameters, due to the significant reduction in the surface of the nanoporous
membrane tube and increased tube spacing, which reduces the heat transfer. At
Rep,max=320, the average Nusselt number was increased by 12.4% and 15.1% respectively
at each step of increasing the tube diameter from 5.49 mm to 7.62 mm. The maximum
Nusselt number was found at do=7.62 mm. A slight variation was noticed as the tube

diameter increases from 4.57 mm to 5.49 mm.
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Figure 24. Variation of the overall Nusselt number with the different TMC tube diameter
at Different Reynolds Number, Nr=12 rows.
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Figure 25 shows the typical temperature and velocity contours for different tube diameters
at Repmax=320. As the tube diameter decreases, the flue gas temperature remains high as
the flow moves toward the outlet of the tube bundle. This is because of the reduction in the
tube surface area, which increases the tube spacing and reduces the heat transfer from the
flue gas side to the waterside. The Figure also shows that an increase in tube diameter
minimizes the number of tubes and the number of tube rows needed for the tube bundle.
The red arrow in the Figure indicates where the flue gas temperature became stable with
no further reduction. For tube diameters 4.57 mm, 5.49 mm, and 6.35 mm, the flue gas
temperature became stable after the flow passed rows 10, 9, and 7, respectively. However,
for tube diameter 7.62 mm, the same temperature range is achieved after the flow passes
the row number 4. The flow temperature kept in further reduction until the flow passes the

entire tube bundle.

The variation in the temperature reduction through the four domains was associated with
the variation in the flow velocity inside the domains, as seen in Figure 24 b). Reducing the
tube diameter decreases the flow velocity which results in the reduction of flow turbulence,
which reduces the heat transfer rate. The black arrows indicate where the velocity becomes
stable within the given domains. It should be mentioned that the Reynolds numbers were
calculated at the maximum velocity of the flow. The maximum velocity is a function of
tube diameter and spacing. The maximum velocity at the inlet, 1.51 m/s, was observed for
the tube bundle with do=5.49 mm. Based on this generated data a Nusselt number
correlations as a function of Reynolds number, Ng, flue gas properties and staggered

geometrical parameters will be represented and discussed in Chapter 5.
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4.3. Condensation Rate

Figure 26 (a) represents the condensation rate with the variation of the number of TMC
rows. The results showed that an increase in the Nr on the TMC staggered tube bundle and
the Reynolds number increases the condensation rate and reduces the water recovery
efficiency through the tube bundle. This is because an increase in the Reynolds number is
associated with an increase in the mass flow rate of the flue gas, which increases the
condensation rate. Also, increasing the number of TMC rows increases the condensation
surface area and the water flow rate in each TMC tube bundle, therefore the outlet
temperature and average surface temperature of the TMC tubes decrease, which increases
the condensation rate. However, at a high Reynolds number of 4037, no enhancement in
the condensation rate and water recovery efficiency were noticed as the Nr increase above
16. This is due to the significant reduction in the flue gas temperature and water vapor

content as the flue gas flow from the inlet to the outlet in case of Nr above 16.

Figure 26 (b) shows that the water recovery efficiency decreases as the Reynolds number
increases. Higher water recovery efficiency can be achieved at a lower Reynolds number,
which is associated with a lower mass flow rate of the flowing gas. In this case, the flue
gas has a higher residence time at a lower mass flow rate in the TMC tube bundle. This

literature reference also confirmed this result [17, 53, 61].
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Figure 27 (a) and (b) represent the variations of the condensation rate and water recovery

efficiency, respectively, with the variation of tube outer diameter at different Reynolds
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numbers. The results were evaluated for tube bundles of Nr = 12. As seen, the maximum
condensation rate and lowest water recovery efficiency were obtained for do= 5.49 mm.
Increasing the tube diameter to 7.62 mm reduces the condensation rate but significantly
enhances the water recovery efficiency. Different parameters affect the condensation rate
in investigating the tube bundles with different outer tube diameters. Reducing the tube
diameter increases the flow velocity and turbulence and shear, which enhances the heat
transfer and the condensation rate. However, an increase in the flow velocity reduces the
residence time, which reduces the water recovery efficiency. The effect of the condensation
rate as a result of the variation of Reynolds number on the Convection condensation
Nusselt number will be provided in Chapter 5. The condensation rate added as a
dimensionless design parameter that includes the effect of the nanoporous ceramic

membrane tube dimension and properties and the flue gas moisture content conditions.

4.4.  Pressure Drops (Hydraulic Resistance)

Previous research and experimental results indicated that the pressure drops across the tube
bundle are relative to the flow velocity, physical properties, Nr, and tube arrangement. The
total pressure drop inside the tube bundle is described by the hydraulic resistance and is
considered one of the most important attributes that impact the design of the heat
exchanger. The hydraulic resistance inside the tube bundle is usually represented by the
Euler number and friction factor, as given in Equations (81) and (82). In the following

sections, the flue gas pressure drop inside the TMC tube bundles was calculated for
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different tube rows, Ng, tube diameter, and different Reynolds numbers. A comparison

with existence single phase correlation will be represented in chapter 5.

4.4.1. Effect of the TMC number of rows on the pressure drops

Figure 28 represents the pressure drop inside the TMC tube bundle represented by Euler
number. The numerical results of the TMC tube bundle showed that the number of rows
has a significant effect on the pressure drop. An increase in the number of rows increases
the Euler number linearly. With increasing N, the entrance and exit flow conditions to the
tube bundle affect the total loss of kinetic energy. The variation of Reynolds number also
represents a significant effect on the pressure drop. At low Reynolds, the pressure drops
were less sensitive to the variation of the number of rows than the high Reynolds.
Increasing the Reynolds number increases the pressure drops sensitivity to the variation of
the Nr. Further discussion and comparison on this relation to the pressure drop based on

the previous single phase metal heat exchanger will be provided in chapter 5.
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4.4.2. Effect of the tube diameter on the pressure drops

The effect of the tube diameter on the pressure drops was also investigated numerically.
Figure 29 represents the variation of the friction factor at different Reynolds numbers for
different TMC tube diameters. As seen, a decrease in the tube diameter increases the
friction factor, while an increase in the Reynolds number reduces the friction factor.
Decrease the tube diameter increases the tube spacing, and a larger space between the tubes
or rows allows the formation of vortices which affects the tube bundle resistance and
increases the friction factor. The total pressure reduction for the given range of Reynolds

number were 54%, 170%, 47%, and 44% for the tube diameters 7.62 mm 6.35 mm, 5.49
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mm, and 4.57 mm, respectively. Further discussion and comparison on this relation to the

previous single phase metal heat exchanger will be provided in chapter 5.
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Figure 29. Variation of the Friction Factor, f , with Reynolds Number for Different TMC
Tube Diameters/Spacing.

4.5.  Flue Gas Turbulence Intensity

Another objective of this Chapter was to investigate the effects of the flue gas turbulence
intensity on the condensation rate, heat transfer, and pressure drop for staggered-tube
crossflow TMC heat exchangers numerically. The mixed condensation model coupled with

the species transport model was used to calculate the condensation rate.

The mass and heat recovery in the TMC-based heat exchanger is influenced by not only
different geometrical parameters but also the flow velocity behaviors. The flue gas flows

outside the staggered tubes perpendicularly to their orientations, which enhances the flow
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turbulence. An increase in the flow turbulence intensity will increase the heat and mass
transfer through the TMC tube bundles. The turbulence intensity is a significant parameter
determining the velocity profile and turbulence variation inside the heat exchanger. The
turbulence intensity, TI , is the ratio of the root-mean-square of the velocity
fluctuations, uy.,, to the average flow velocity u,,,4, [111].

7] = Yoms (84)

Uapvg

where, Ulms = \[g (w2 + u? + u?)= Ek (85)

and, k is the turbulent kinetic energy (TKE), as given by the following relation:
k = é(u,’f + w4+ u (86)

The velocity component is the difference between the instantaneous and mean velocity

u' =u-—1u.

The effect of the flue gas turbulence intensity on the heat and mass transfer in the TMC-
based heat exchanger was studied numerically at different Reynolds numbers. The
Reynolds number was calculated using the maximum fluid velocity within the tube bundle,
Equation (72). The turbulence intensity varied from 5% to 25% at the inlet conditions of
the flue gas, while the tube bundle geometry was fixed during the variation of the
turbulence intensity. The staggered configurations of the tube bundle are found to enhance

the turbulent flow as represented by turbulent kinetic energy (TKE). The contour plots of
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the TKE for different tube diameters and turbulence intensities, 5% and 25%, are

represented in Figure 30.
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The TKE value is a describe to the turbulence strength of the flow, it is used for a
measurement of the flow intensity. It is clear that for different tube diameters, increasing
the turbulence intensity of the flue gas from 5% to 25% enhances the turbulent kinetic
energy significantly. Also, increasing the tube diameter reduces the turbulent Kkinetic
energy of the tube bundle. This can be explained by the increase in the mean velocity, as
the tube diameter increases the tube spacing reduces, which increases the mean velocity

compared to the fluctuation velocity in the field.

The highest value of the TKE was observed around the tubes of the first four rows of the
tube bundles. Also, the TKE start decreases as the flow passes the third row of the tube
bundle. This is related to the significant reduction in the flue gas temperature, as the
nanoporous ceramic membrane recovered a large portion of both sensible and latent heat.
Furthermore, the staggered configuration of the tube bundle adjusts the local flow
turbulence after the flow passes a specific number of rows, which depends on the tube
diameter and spacing. This can be confirmed by looking carefully to the contours for the
two , it can be noticed that for TI=5% and TI=25%, the flow stabilized and the staggered
tube configuration adjust the level of turbulence after passing the 6 row for the given of
tube diameters. However, at the first few rows of the tube bundle, a significant variation in
the TKE was noticed resulting from the increase in the turbulence intensity of flue gas from
5% to 25%. It should be mentioned that rows most of the heat transfer and condensation

rate take place the first few rows the flow passes.
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4.5.1. The effect of Reynolds number and turbulence intensity on Nusselt number

The effect of the Reynolds number on the average convective Nusselt for different
turbulence intensities, 5%, 10%, 15%, 20%, and 25%, can be visualized in Figure 31. At
the low Reynolds number, where the flow is characterized as a laminar flow, the average
convective Nusselt number increase in percentage with respect to Reynolds number is

steady and minimal. While at a high Reynolds number, the percentage of increase is high.
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Figure 31. Variation of the Average Convective Nusselt with Reynolds Number for
Different Turbulence Intensities.

From Figure 30 we can also notice a slight variation in the Nusselt number for Reynolds
number up to 3000 as a result of the increase of turbulence intensity from 5% to 25%, a
detailed analysis in this matter will be provided in the next section. However, the increase
in the Reynolds increases the enhancement in the heat transfer and the Nusselt number.
The variation of the Nusselt number with respect to the variation of Tl will be represented

in the following section.
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4.5.2. Effect of the turbulence intensity on the average convective Nusselt number

Similar results were obtained for the effect of the turbulence intensity on the average
convective Nusselt number. The results are represented in Figure 32. The average
convective Nusselt number was calculated from the sensible heat transfer. Increased
Reynolds number enhances the heat transfer and Nusselt number significantly. The
maximum variations in the Nusselt number were observed at do=4.57 mm with an increase
of 7.13%, 11.32%, and 15.24%, for Rep max = 3000, 5000, and 10000, respectively, as the
turbulence intensity increase from 5% to 25%. The enhancement of the Nusselt number is
due to the enhancement in the heat transfer, which is related to the rise in the level of flow
turbulence. Increases in the turbulence intensity cause significant mixing of the boundary
layer, enhancing the momentum and heat transfer between the fluid species and from there
to the tube wall. This had confirmed in the contour plot of TKE, Figure 30. It was noted
that the high value of TKE for higher turbulence intensity is surrounded by the tube wall
in the first few rows, where the most of most of the heat transfer occurs through the tube

bundle.

99



do=4.57mm - ® = do=5.49mm do=7.62 mm

40
Re D,max=3000
35
= 30
8
= R S }
= 25 ¢ =—===0--"-@" hd
20
15
0 5 10 15 20 25 30
Turbulence Intensity %
(a)
do=4.57mm - ® —do=5.49 mm do=7.62 mm
45
Re D,max=5000
40
35
S
_——&--"’—_—-.
30 ¢
25
20
0 5 10 15 20 25 30
(b) Turbulence Intensity %
do=4.57mm - ® —do=5.49 mm do=7.62 mm
60
Re D,max=10000
55
50
= -
3 4 o _e----e-
= —e-
= i
40
35
30
0 5 10 15 20 25 30
Turbulence Intensity %
(c)

Figure 32. Variation of the Average Convective Nusselt Number with Different Turbulence
Intensity at Different Reynolds Numbers: (a) Rep,max=3000, (b) Repmax=5000, and (c)
Rep,max=10000.
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4.5.3. Effect of turbulence intensity on the condensation rate

Figure 33 represents the variation of the condensation rate with turbulence intensity. As
seen, the condensation rate increases with an increase in the turbulence intensity. The
variation of the tube diameters was sensitive to the variation of turbulence intensity. As the
turbulence intensity increases from 5% to 25% the minimum in the condensation rate were
3.9% for do =7.62 mm, at Rep max=3000, and maximum increase was 12.2% for do = 4.57
mm at Rep,max=5000, respectively. Also, the variation of maximum condensation rate with
respect to the turbulence intensity was obtained at the TMC tube bundle with do=5.49 mm.
At do= 5.49 mm, the condensation rate increases 8.3%, 9.7% and 5.8% for Rep max = 3000,
5000, and 10000, respectively, as the turbulence intensity increase from 5% to 25%. The
lowest variation was obtained from TMC tube with do = 7.62 mm with an increase of 3.9%,
5.1% and 5.41% for Repmax = 3000 , 5000, and 10000, respectively, as the turbulence

intensity increases from 5% to 25%.

The optimum condensation rate was found at a tube diameter of do=5.49 mm. This finding
is associated to a combination of factors, the tube spacing and the membrane tube surface

area available for the heat transfer, pressure drop and condensation rate.

It should be mentioned that the effect of the flue gas turbulence intensity increases with an
increase in the Reynold numbers. The Reynolds number was evaluated at the maximum
velocity of the tube bundle. The condensation rate, pressure drop, and the Nusselt number

also increase as the Reynolds number increases for the three tube diameters investigated.
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Figure 33: Variation of the Condensation Rate with Different Turbulence Intensity at
Different Reynolds Numbers: (a) Rep,max=3000, (b) Rep max=5000, and (c) Rep,max=10000.
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4.5.4. Effect of turbulence intensity on the pressure drop

Figure 34 represents the pressure drop variation with turbulence intensity for tube
diameters and different Reynolds numbers. As seen, an increase in Reynolds number and
tube diameters increases the pressure drop significantly. However, an increase in
turbulence intensity increases the pressure drop slightly. The maximum pressure drops
were observed for the TMC tube bundles of do = 4.57 mm. However, the maximum
variation in the pressure drop with respect to turbulence intensity was observed for the
TMC tube bundle of do = 5.49 mm. The percentage of increases were 6.7%, 8.2%, and
9.9% for Repmax = 3000 , 5000, and 10000, respectively, as the turbulence intensity
increase from 5% to 25%. The lowest variation in the pressure drop was obtained from the
TMC tube bundle of do = 7.62 mm with an increase of 2.2%, 3.0%, and 4.1% for Rep max
= 3000, 5000, and 10000, respectively, as the turbulence intensity increase from 5% to
25%. The tube diameter affects the free space between the tubes, as the tube diameter
decreases the free space increase, which allows the flow vortices to form and that would

increase tube bundle resistance and so the pressure drop.

103



do=4.57mm - ® -do=5.49mm —a - do=7.62mm

210
190 Re D,max=3000
170
- 150
= 130 ¢ -—--t----@----6--""9
a.
<110
h— s — hk— —h - — - e — A
90
70
50
0 5 10 15 20 25 30
Turbulence Intensity %
(a)
do=4.57mm - ® - do=5.49mm —a4 - do=7.62mm
550
500 Re D,max=5000
450
—. 400
© e ————0
=350 >~ ---—-----%
&
300
250 e A— A T T =
200
150
0 5 10 15 20 25 30
(b) Turbulence Intensity %
do=4.57mm  —a - do=5.49mm —a& - do=7.62mm
2240
2040 Re D,max=10000
1840
— 1640
- N e Y T A
= 1440 e S
< 1240
1040 ) S S S
840
640
0 5 10 15 20 25 30
Turbulence Intensity %
(c)

Figure 34. The Variation of the Pressure Drops with Different Turbulence Intensity at
Different Reynolds Numbers.
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The effects of flue gas turbulence intensity on condensation rate, convective heat transfer,
and pressure drop of the TMC heat exchanger in cross flow were numerically investigated
with a validated CFD model. The results showed a significant enhancement in the TKE,
condensation rate, pressure drop, and heat transfer at a given Reynolds number with the
increased turbulence intensity. An increase in the turbulence intensity could lead to an
enhancement in the condensation rate and Nusselt number which could lead to an overall
enhancement of the TMC tube bundle performance. The maximum variation in the
condensation rate was 12.15%, at Rep max=5000, for tube bundle with do= 4.57 mm, when
the turbulence intensity increases from 5% to 25%. However, the optimum condensation
was obtained for tube bundle with do= 5.49 mm. The maximum increase in the Nusselt
number was 15.24% at Rep max=10000, for tube bundle with do=4.57. The variation of the
outer tube diameter affects the mass and heat transfer from TMC tube bundle significantly.
Increasing the tube diameter increases the heat transfer from the tube bundle, this is because
of the increase in the heat transfer surface area. Increase the Reynolds number also increase
the condensation rate, pressure drop, and Nusselt number; the pressure drops also affected
by the variation of the turbulence intensity, in most of the cases was a slight effect, The
maximum increase in the pressure drop was 9.91% at Rep max=5000, for tube bundle with

do=5.49.

4.6. Dominant Condensation Mode in TMC

The heat and mass transfer in the TMC tube bundle has been studied experimentally and
numerically, and several models have been proposed to calculate the condensation rate.

Researchers have reported that the transport of the flue gas through the membrane
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condenser involves two mechanisms: wall condensation and capillary condensation.
However, the dominant condensation mechanism is still under debate and needs more

investigation.

In this section, the dominant condensation mechanism involved in the transport membrane
condenser is investigated numerically. Simulations of heat and mass transfer in a cross-
flow transport membrane condenser tube bundle were used to examine the role played by
membrane porosity and flue-gas water vapor mass fraction for the dominant condensation
mechanism. A single-phase multi-species model coupled with a mixed condensation model
was used to investigate the dominant condensation mechanism at different membrane
porosity and water vapor mass fraction. The Numerical simulation was executed using
Ansys/Fluent 2021 R1 software. The mixed condensation model, which is based on wall
condensation and capillary condensation, was written in the user-defined functions (UDF).
The flue-gas turbulence was modeled using the shear stress transport SST k- turbulence
model. The nanoporous membrane pores are loaded with condensate of water vapor which
is transported to the other side of the membrane. This mechanism reduces the flue gas
temperature, increases the cooling water temperature, and recovers water and its latent heat

from the flue gas.

In this work, the condensation of the water vapor at the membrane’s outer surface is
modeled in conjunction with simultaneously occurring capillary condensation. Different
parameters would affect the condensation rate from both mechanisms. In the current work,
the effect of the two major parameters: the membrane porosity and the water-vapor mass

fraction will be represented and discussed.
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4.6.1. Effect of membrane porosity on the dominant condensation mode

The effect of the membrane porosity on the condensation rate and condensation mechanism
have been studied numerically using the mixed condensation model. The membrane
porosity varied from 0.15 to 0.5. Figure 35 represents the effect of porosity on the
condensation rate as well as the condensation percentage gained from both mechanisms.
The results showed that an increase in the membrane porosity, from 0.15 to 0.5, increases
the condensation rate by about 18%. Also, the percentage of capillary condensation
mechanism out of the total condensation rate increases as the porosity increases, while the
wall condensation percentage decreases. Also, at low membrane porosity, the model can
detect less capillary condensation compared to wall condensation. This is related to the
limited capacity of the membrane pores, which reduces the ability to condensate water

vapor inside the pores by the capillary condensation mechanism.

As the pores are filled with condensate water, the water will start to condense at the
membrane’s outer surface due to the temperature difference between the flue gas and the
surface of the nanoporous membrane tube. It should also be noted that wall condensation is
based on the diffusion of condensable gases (i.e., water vapor) toward the cold surface

(nanoporous ceramic tubes).
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Percentage from each Condensation Mechanism, Water Vapor Mass Fraction [wt.] =
11.4%.

The Nusselt number from the latent heat is also calculated for both condensation
mechanisms. The results are represented in Figure 36. According to the calculated results,
the latent Nusselt number due to the wall condensation rate is higher than the one due to
capillary condensation. These are related to the amount of latent heat released due to water
vapor condensation from each mechanism. Also, the Figure represents the effect of the
porosity on the convection Nusselt number. It can be seen that an increase in the membrane
porosity reduces the convection Nusselt number and the amount of the recovered sensible
heat. This reduction is related to the linear relation between the effective thermal
conductivity of the membrane and the membrane porosity, see Equation (71). As the
membrane porosity increases the effective thermal conductivity decreases, which reduces

the heat transfer from the flue gas side to the cooling water.

108



640 80

o i
] i

l— - . B
€620 | R 1 60 &
c : ~ £
F = - ~A. 2

i ~ c
ﬁ i Ta =
=1 | - ] W
Z 600 i o - 40 §
s - . 2
© [ - =
$s80 | ~#= Nucony 20 &
S i Nuwan 3
S |

5 Nucap

560 Il 1 1 l L l i l 1 1 i 1 I 1 Il 0
0.15 0.2 0.25 0.3 0.35 0.4 0.45 0.5
Porosity
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4.6.2. Effect of water vapor content on the dominant condensation mode

The effect of the flue-gas water-vapor mass fraction on the dominant condensation
mechanism was also studied numerically. The water-vapor mass fraction varied from 8%
to 21%, representing a typical water-vapor mass fraction in the flue gas from power plants.
Figure 37 represents the variation of the condensation rate with water vapor mass fraction.
According to the represented results, wall condensation is the dominant condensation
mechanism. As the mass fraction of water vapor increases, the condensation rate increases
significantly. The percentage of the condensation rate due to the wall condensation
mechanism increases from 69% to 87% of the total condensation rate when the mass

fraction increases from 8% to 21%. It should be noted that the wall condensation

109



mechanism is a function of the condensable species mass fraction. The numerical results
detected no direct effect of the water-vapor mass fraction on the capillary mechanism, and
this is confirmed by Equation (12). The amount of condensation rate gained by the capillary
condensation mechanism is the same. However, the reduction in the percentage is due to

the increase in the wall condensation percentage.
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Figure 37 Effect of the Water Vapor Mass Fraction in the Condensation Rate and
Condensation Percentage from each Condensation Mechanism. e = 0.2.

The difference between the two-condensation mechanism is also represented by the latent
Nusselt number in Figure 38. Given the represented results, the highest latent Nusselt
number was obtained from the wall condensation mechanism. As the water vapor mass
fraction increases, the latent Nusselt number from the wall condensation mechanism

increases significantly because of the increased condensation rate due to wall condensation.
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The Figure also represents the variation of the convection Nusselt number with the water
vapor mass fraction. An increase in the water vapor mass fraction decreases the convection

Nusselt number significantly.
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5. CHAPTER V: CORRELATIONS FOR TMC STAGGERED-TUBE

BUNDLES

The existing staggered tube bundle correlations consider only a single-phase flow (ho
condensation), while the TMC phase change occurs at the outlet surface of the membrane
tubes, which affects the heat transfer coefficient and pressure drop across the tube bundles.
There is a need to propose a new correlation based on the working conditions and principles
that are required for the TMC-based heat exchanger. The goals of this Chapter are to study
the similarities and variations between the TMC Nusselt number and pressure drops as well
as the single-phase correlations to avoid misuse and develop numerically the correlations
of the heat and mass transfer and pressure drop imposed by the membrane tubes in the

TMC heat exchanger at different Nr, tube diameters, and Reynolds numbers.

5.1. Heat Transfer Correlation of a Staggered Tube Bundle

The numerical results from the previous Chapters were compared with different single-
phase correlations developed previously in the literature, which are listed in Table 10. The
staggered tube arrangement of the TMC tube bundle increases the turbulence kinetic
energy between the bundle rows, which enhances the heat transfer from the flowing flue
gas to the tubes and accordingly increases the Nusselt number concerning the Reynolds
number. Reynolds number has a significant impact on the heat transfer from the tube bank.
In most of the previously developed single-phase correlations, the power index of the

Reynolds number varies from 0.4 to 0.6.
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Table 10. Average Nusselt number correlations developed in the literature, at a Different

Range of Reynolds Numbers.

Reynolds number

Average Nusselt number Correlation

Reference

10® < Rep max < 2 X 10°

Zukauskas, 1972
[71]

10° < Rep max < 5 X 102

5 X 102 < Rep pmax < 2 X 105

Pr
Nuy = 040 C; Refsty, Prf®® (10
TW
Pr,
Nus = 1.04 €y Relisty, Pri™ (5102
rW
Pr,
Nuy = 0.71 C1Refiity, Prf*e (5107
w

Zukauskas, 1978
[72]

10° < Rep max < 103

Pr,
Nus = 1309 C;Refit Pr®* (5%
w

103 < Rep max < 2 X 105

Pr,
Nuy = 0273 C;Ref538, Pr®* (102
w

10% < Rep max < 2 X 10°

Pr,
Nus = 037 Ref 3, Pr® (51)°%
w

Zukauskas and
Ulinskas (1988)
[73]

Linetal. 2013 [17]

5% 10% < Rep max < 4 % 10°*

1
Ny = 035 CyFyRef S, Pr.

D,max

Fo=1+01x(%/, )« 035/C7/ )

Modified Grimson
model [70]

C; 1s based on the correction factor for the number of rows [71].

Figure 39 shows a comparison between the average convective Nusselt number from the

TMC mixed model and different single-phase correlations. The average convective Nusselt

number is evaluated from sensible heat transfer only. It can be seen that the correlation of

Zukauskas 1972 was very close to the numerical convection Nusselt number of the flue

gas. Good agreement is observed with Zukauskas 1972 [71] at Nr= 6, 12, and 16 with a

maximum error of 17% and 28%, 63%, and 65% respectively, at Rep,max=320. For this

correlation, the error% increases with an increase in the number of rows. For the modified

Grimson model [70] the TMC results deviate significantly with minimum error 10 and

maximum error reaches to from 45% to 126% for different Reynolds and Nr. It should be

noted that Lin et al. 2013 is a correlation developed for the heat and mass transfer from the
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flue gas using the TMC and it relates the convective Nusselt number only with the flue gas

Reynold number and Prandtl [17]. They used the two-step chemical reaction model on the

outer surface of the tubes to calculate the condensation rate. The TMC mixed model is in

good agreement with Lin et al. 2013 [17] correlation at Nr= 6 and 12. However, there is a

maximum divergence, about 45%, for Nr= 16 and 20 at Rep,max=173.
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Figure 39: Variation of the Average Convective Nusselt Number of Staggered TMC
Compared to the Previously Developed Single-Phase Correlation for Different Number of
Rows: a) Nr=6 rows, b) Nr=12 rows, c¢) Nr=16 rows, and d) Nr=20 rows. For the tube

bundle of do= 5.49 mm.

Figure 40 represents the effect of tube diameter on the average convective Nusselt number.

The results compared the average convective Nusselt number from the TMC mixed model
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and different correlations. At do=4.57, 5.49, 6.35, and 7.62 mm, the modified Grimson
model [70] predicts the heat transfer from the TMC tube bundle with a maximum error of
21%, 20.5%, 21%, and 29% respectively. The comparison with Zukauskas and Ulinskas
(1988) [73] showed a significant deviation from TMC results, the error percentage varied
between 38% and reached up to 200%. The comparison with of Lin et al. 2013 [17]
correlation showed variation in the results for different tube diameters, the closer results
were obtained for do=5.49, this is probably related to the similarity between this tube
bundle and the bundle used by Lin et al. 2013 [17] to build their correlation. However, at
do =7.62 the results showed significant deviation with an error range 24% to 41% for the
given Reynolds number. However, this correlation has no considerations for tube diameter

or tube spacing.
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Previously Developed Single-Phase Correlation for Different Tube Diameter: a) do= 4.57
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5.1.1. Proposed correlations of TMC Nusselt number

It was found that, except for selected conditions, The existing single-phase correlations

showed a significant deviation from the TMC results obtained numerically. The

comparison results showed that no one single phase correlation published in the literature

can predict the heat transfer from TMC for the defined range of parameters. At a certain

point of the design parameters, some correlations predict the results well, however the same

correlations showed a significant deviation from the TMC results once the design
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parameters have changed. Furthermore, the single phase considered no phase change

(condensation) occurs membrane properties.

The following correlation of the convection Nusselt number for the TMC is derived based

on numerical results, represented in Chapter 4, within examined parameter ranges:

J— a2
Wuggry = Ay N (4, + (520) ) Reinan P (87)

Sr—d, D,max

The coefficient A and exponents al, a2, a3, and a4 are represented in Table 11.

As the latent heat due to condensation released in the TMC domain and transfer through
membrane to the cooling water, the following TMC average convection-condensation

Nusselt number correlation Nuzong—cony 1S Proposed:

b3
NUT _cony = By NP1 (0)P2 (BZ+( ) )Reb4 Prps (88)

cond—conv Sp—d, D,max

where X is the dimensionless water vapor condensation effect at the outer surface of the

nanoporous tube on the total heat transfer and is given by:

— my €L (89)
Pl AsurVsg,in

Where I" is the membrane tortuosity.

m,, = (water vapor wt. %) * M, (90)

Agur =21 (2L (91)

117



The NuSslm _.ony COrrelation considered Nusselt number from the sensible heat and latent
heat and also considered the effect of the condensation and membrane properties, Ng, tube
diameter, and sensible heat and latent heat. The coefficient B, and B, and the exponents

b1, b2, b3, b4, and b5 are represented in Table 12.

For both proposed correlations, Equations 87 and 88, the coefficients, and exponents were
determined based on reducing the square standard deviation, SSD, between the correlated
data and the simulated (CFD) data using the power law with Microsoft Excel. It should be
mentioned that the power law builds the exponents and/or coefficients based on how the
given parameters affect the numerical results and keep the expected/correlated results very
close to the simulated results. Those correlations are derived accurately based on the
geometrical parameters and operating conditions used in the simulation, which were
previously defined in the dissertation, within a limited number of exponents and
coefficients, defined in Tables 9 and 10. The Nusselt numbers are correlated to the
Reynolds number, Prandtl number, and tube spacing by a power law. The exponent of the
Reynolds number varied between 0.482 -0.597 for Eq. 23 and 0.302-0.55 for Eq. 24 based
on the Reynolds number range and the dimensionless tube spacings. The condensation
effect was introduced for the first time in Nu_,,4—cony COrrelation. This correlation related
the Nusselt number to the dimensionless water vapor condensation coefficient, X', which
was derived as accurately as possible based on the tube surface area, flue gas conditions,

and water vapor content.
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Table 11. Coefficient and Exponents of the TMC Convection Nusselt Number Correlation,

corr
Nuconv-

Reynolds number St/do Ay A, al a2 a3 a4

Repmax < 1% 10° >20 026 005 Nz<16 0025 0.15 0565 0.3
Nz =16 0.021

<20 0.305 0.02 0.015 0.10 0.597 0.3

1% 10% < Repmax9 X 103 >20 0230 0.01 0.133 1.06 0482 03

<20 0.157 0.72 0.494 1.86 0.482 0.3

Table 12. Coefficient and Exponents of the TMC Average Convection-Condensation

Nusselt Number Correlation, Nu2rr, ...

Reynolds number St/ B, B, b1 b2 b3 b4 b5

o

>20 Np<16 023 0008 0.2 0114 112 055 03

Repmax < 1% 103 N >16 0.58 0.01 0.267
<2.0 - 0.33 0.0087 0.2 0027 0556 0507 0.3
1X10% < Repmax  >2.0 - 0.355 0.013 0.16 0.053 1.166 0.456 0.3
<9x 103 5
<2.0 - 0.804 0.013 0.2 0034 142 0302 0.3

The proposed TMC correlations show good agreement with numerical Nusselt numbers.
Figure 41 and Figure 42 represent the predicted (correlated) values versus the simulated
data. The results in these figures considered the results of Nr ranges, Reynolds number
ranges, and tube diameter ranges represented in Figures 39 and 40. It can be seen that the
relative differences of predicted (correlated) Nusselt numbers against the TMC simulated
average convective Nusselt numbers are below 15% similar to the average condensation-

convection Nusselt number. Therefore, the underlying flue gas heat transfer inside the
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TMC is well predicted with the new correlations, Eq. 87-88, compared to the single-phase

flow correlations developed previously in the literature. The correlations predict 95.3% and

96% of the simulated data, respectively, for average convective Nusselt numbers and

average condensation-convection Nusselt numbers of the simulated data within £10%.
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Figure 41: Predicted (c Correlated) Values Versus Simulated Data (CFD Results) for the

Average Convective Nusselt Number, Nu,,,,,,.
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5.2.

Pressure Drops (Hydraulic Resistance) Correlations

Previous research and experimental results summarize that the pressure drops across the

tube bundle are related to the flow velocity, physical properties, Nr , and tube arrangement.

The total pressure drop inside the tube bundle is described by the hydraulic resistance and

is considered one of the most important attributes that impact the design of the heat

exchanger. The Euler number and friction factor usually represent hydraulic resistance

inside the tube bundle.

In the following sections, the flue gas pressure drop inside the TMC tube bundles was

calculated for different tube Ng, tube diameters, and Reynolds numbers and was compared

to the single-phase (no condensation) flow correlations developed previously in the
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literature by Holman-Jakob and Gunter-Shaw. Also, a new correlation for the TMC friction

factor was proposed and derived in Section 4.3.3.

The Holman-Jakob model [75], introduced in 1938, relates the pressure drop across a tubes

bank by the following relation:

_ GhaxNR ((Hw 0.14 0.118 —016
fp = P(g/z) (7) 0.25 +W—:O) ReD,max (92)

Where [Ap] = Ibf/ft2 in English units.

The Gunter-Shaw model [76] was published in 1945 and implements a piecewise friction

factor correction based on the Reynolds number of the flow.

M ONONG) 3

The friction relation, ’2: of Gunter and Shaw is present as follows:

-1
f_ { 90Re Re < 200 (o4)

2 (0.96Re 014>  Re > 200

Figure 43 represents the pressure drop inside the TMC tube bundle compared to the single-
phase flow correlations developed by Holman-Jakob [75] and Gunter-Shaw [76]. The
increase in Nr and Reynolds numbers increases the pressure drop inside the TMC tube
bundle. At a low Reynolds number, the pressure drop inside the TMC tube bundle is close
to that predicted from the correlation. However, as the Reynolds number increases, the

TMC pressure drop diverges from that predicted by the correlations. For Nr= 6, both
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correlations overpredict the pressure drops inside the TMC tube bundle. Reducing Nr
increases the deviation from the correlations. For instance, for Nr=6 the Gunter-Shaw
model [76] diverges from the TMC results with an error range 22% up to 827% for the
given Reynolds number. The error range for the Holman-Jakob model [75] in all cases
were over 30% and at some point, reach up to 262% It should be noted that the Gunter-
Shaw correlation is not a function of Nr and could not link the relationship between the
pressure drop and the number of rows. This requires changing the existing correlations by
adding/modifying the term related to the effects of the Nr on the pressure drops. Although
both correlations are a function of tube hydraulic diameter, decreasing the tube diameter
increases the deviation between TMC numerical results and correlations results. For all
cases, the effect of the Reynolds number on the pressure drop shows a similar trend as it

compared with the correlations.

The effect of the variation of the tube diameter on the pressure drops was compared with
the single-phase correlation with respect to the function of the Reynolds number. The
results are represented in Figure 44. The results showed a significant change in the pressure
drops as the tube diameter changed. At do = 7.62 mm, the pressure drops of the TMC were

in good agreement with the Gunter-Shawn model, with a maximum error of about 19%,
except for the first point where the friction relation, g was evaluated at Re < 200 the error

was 53. A slight divergence from the Holman-Jacob model could result ina minimum error
of 30%. However, decreasing the tube diameter increases the difference between the
pressure drop in the TMC and that calculated using the correlation. For do= 6.35 mm, 5.49

mm, and 4.57 mm, the Gunter-Shawn model showed better agreement than the Holman-
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Jacob model. However, the error percentage for these tube bundles exceeds 35% and
reaches more than 200% for Gunter-Shaw model. Based on these results, the correlation in
most of the studied range of parameters deviates significantly from those obtained
numerically using the TMC tube bundle. Based on that, define a new correlation that can

predict the TMC pressure drop will be provided in the following Section.
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Figure 43. The Variation of the Pressure Drops Inside TMC Staggered Tube Bundle
Compared to the Previously Developed Single-Phase Correlations for Different Number of
Rows: (a) Nr= 6 rows, (b) Nr= 12 rows, (c) Nr= 16 rows, and (d) Nr = 20 rows with tube
bundle do = 5.49 mm.
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Figure 44: The Pressure Drop Inside TMC staggered tube bundle compared to the
Previously Developed Single-Phase Correlations for Different Tubes Diameter: (a) do=
4.57 mm, (b) do= 5.49 mm, (c) do= 6.35 mm, and (d) do= 7.62 mm with Nr=12.

5.2.1. Proposed correlation of TMC Friction Factor

Based on the analysis provided in the previous Section, the single-phase correlations

diverge significantly from the TMC pressure drops. The following TMC friction factor
correlation, feorrelated s generated based on the current numerical study and within the

examined parameters:
correlated _ p (_p +R —d1 Dn dszB 95
f 1 ( 2 eD,max R ( )

St

The coefficients D; and D,and exponents are given in Table 13.
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Table 13: Coefficient and Exponents of the TMC Friction Factor Correlation.

ReD,max Sl/ D4 D, dil d2 d3
do
< 1.5 0.84 0 0.243 0 0.004
102 < Rep max < 3 X 103 > 1.5 4.66 0.863 0.0173 1.173 0.0532

<15 0.0089 0.003 0.115 0 0.584

3% 103 < Rep max < 9 x 103 > 1.5 0.0089 0.01 0.032 4.95 0.04

The proposed TMC friction factor correlation considered the effect of the membrane tube
diameter and spacing as well as the Nr of the tube bundle. The TMC friction factor
correlation shows good agreement with the TMC numerical results, as shown in Figure 45.
The corresponding differences are reduced by reducing the sum of the square standard
deviation SSD between the correlated data and the numerical data, 96% of the relative
differences of predicted (correlated) friction factor against the TMC simulated friction
factor is within £15%. Therefore, a hydraulicly developed flow inside the TMC is better
predicted with the new correlation, Equation 95, compared to the single-phase flow

correlations developed previously in the literature.
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Figure 45. Predicted (Correlated) Values Versus Simulated Data for Friction Factor.

In summary, it was found that except for selected conditions, the single-phase
correlations were noticed to differ from the TMC numerical results. Empirical TMC
correlations for heat transfer and pressure drops with respect to condensation rate, number
of rows, and the nanoporous membrane geometrical properties were derived thereby for
flue gas. The effects of the tube diameter, number of rows, Reynolds number, and
condensation rate and other membrane geometrical parameters were considered in the
proposed correlations. The correlations show good agreement for all investigated
parametersNu,ony, NUcond—cony, and friction factor, within errors of +10%, +10%, and
+15%, respectively. The correlations can be used to estimate the heat transfer and pressure

drop during the design of transport membrane-based heat exchangers.
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6. CHAPTER VI: MULTIPHASE MODELING OF HEAT AND

MASS TRANSFER INSIDE TMC TUBE BUNDLE

Most of the simulation studies on the heat and mass transfer of TMC tube bundle were
conducted based on the assumption that all the condensate water vapor is recovered and
transported to the cooling water through the porous membrane, which means the
condensate water vapor is equal to the transported water. Recently, the experimental work
of [56] on the macroporous ceramic membrane revealed that the ceramic membrane could
not completely recover all the condensate under different operating conditions. They found
that part of the condensate on the outer surface of the ceramic membrane drops into the
flue gas and drains out as an acidic liquid after reacting with SO2. The existence of the
acidic liquid in the tube bundle can harm the heat exchanger. Also, mixing the condensate
with fine particles could block the pores of the porous membrane and causes membrane

fouling, which reduces the porous membrane's performance.

In addition, the previous literature reveals that the reported numerical models in the
literature focused on studying heat and mass transfer using the single-phase multi-species
model. However, the condensation inside the TMC tube bundles affects the flow turbulence
and phase dynamics, which emphasizes the need to study the flow inside the TMC using
the multiphase model. Therefore, modelling the TMC tube bundle using a multiphase flow
approach can provide information that cannot be obtained by using the single-phase model.

The multiphase model can calculate the possible amount of condensate water inside the
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flue gas domain, which is based on the flue gas temperature and vapor content as well as

ceramic membrane tube wall temperature.

For the first time, this dissertation will report a multiphase modeling of heat and mass
transfer inside the TMC-based heat exchanger. The previous chapters were focused on
modeling the heat and mass transfer using the single-phase model regardless of the actual
phase change occurred in the domain. Also, the most reasonable example in the literature
akin to this situation is a case mentioned earlier in this dissertation, but it was related to a
different type of multiphase flow inside porous material, not a TMC. In this chapter, a
multiphase simulation has been conducted to investigate TMC multiple tubes by applying
the multiphase VOF model, species transport model, and SST k — w turbulence model.
The Lee (evaporation-condensation) model is applied as a source term in the main

governing Equations.

6.1. Methodology and Theory

Multiphase flow modeling (two-phase flow) is an interesting and attractive topic to model the
gas-liquid two-phase flow inside the heat exchanger. The flow inside the transport membrane
condenser is a typical multiphase flow due to the phase change of water vapor at the outer
surface of the nanoporous tube. Three different multiphase models are available in
Ansys/Fluent 2021 R1: the mixture model, the VOF model, and the Eulerian model. The two
most popular models are the Volume of Fluid (VOF) model and the Eulerian model. The
mathematical formulations of these models cause differences in their accuracy, convergence,

computational time. Table 14 represents the major differences between the two models. Also,
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Guerrero et al. [94] compared the Eulerian model with VOF model to choose the appropriate
model for multiphase flow simulation in a vertical pipe, they concluded that the Eulerian
model is required more computational time as compared to the VOF model for the same
computational mesh. However, the Eulerian model was independent of the mesh size and
would spend less time if a mesh with a lower number of cells. Also, they concluded that the
VOF model was capable of distinguishing the continuous and discontinuous phases in the

solution visualization and predicting the experimental results better.

Table 13: Major differences between the Eulerian model and Multiphase model

VOF Model

Eulerian Model

e Solve single momentum equation and energy
equation for all phases throughout the domain, the
phases are sharing the velocity field.

e Evaluate the material properties based on the
presence of the component phases in the control
volume

e The VOF model
temperature, T, as mass-averaged variables

treats energy, E, and
o The properties p and u is dependent on the volume
fractions of all phases.

e Less CPU and simulation time

Model amultiple separate set of equations for each
phase. The phases interact and can be any
combination of liquids, gases, or solids.

All phases are shared by a single pressure.

While solving the continuity and momentum for
each phase.

Used volume fractions theory which based on the
space occupied by each phase, and the laws of
conservation of mass and momentum are satisfied
by each phase individually.

More simulation time and CPU

The basic model of Eulerian and VOF model (no condensation neither transport model was
considered at that time) were used to run the simulation to evaluate the outlet flue gas
temperature of a staggered tube bundle, the results represented in Figure 46. According to
these results and based on the computational time spent on these results, the VOF model was

adopted for further investigation in the current study.
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Figure 46: Numerical Outlet Flue Gas Temperature Compared with the Experimental Results
for the Multiphase Eulerian Model and VOF Model.

6.1.1. VOF multiphase model

The VOF method can capture the interface between the phases easily [92]. The theoretical
formulation of the VOF model is based on the assumption that each cell in the computational
domain is filled by one phase or a combination of two-phases. The VOF solves a single set of
momentum Equations to track the volume fraction of each phase. The VOF evaluates the
material properties based on the presence of the component phases in the control volume. For
example, in the two-phase model, the volume fraction of one phase is tracked and the density

in each cell is calculated by:

p=azp; + (1 —az)p (87)
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The volume-fraction-averaged density, p, and viscosity, u, for the n-phase system are in the

following form:

p=121{ap and w=1X1au, (88)

The properties p and u are dependent on the volume fractions of all phases. In the case of
multiphase flow, the fluid interactions and dynamics are described by the mass conservation
within the control volume. The mass conservation depends on the phase's volume fraction. In
our case, the phase change occurs between two vapor and liquid phases. In the mass
conservation Equation, described below, for the second phase "q", the volume fraction is

associated with the convective, transient, and source terms.

3 - ' j
Piq[a (aqpq) + V. (aqpqily) = Saq + Zg=1(m2’q B mqp)] (89)

g=1% =1 (90)

where i1, is the mass transfer from phase g to phase p, and 7, is the mass transfer from
phase p to phase g. Additional sources, S, in the conservation Equation were introduced
to model the mass transfer between the phases. The VOF model solves a single momentum
Equation and energy Equation for all phases throughout the domain, and the phases share

the velocity field. The momentum and energy Equations used in VOF model are:
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2 (p©) + V. (pit) = —Vp + V. [u(Vi + Vi")] + pg + F (91)

S (PE) + V. (@ (E +p)) = V. [leeffVT] + 5, (92)

The VOF model treats energy, E, and temperature, T, as mass-averaged variables:

_ Xg=1%qPqEq
E = 722:1 v (93)

where E, for each phase is based on the specific heat of that phase and the shared

temperature. The properties p and k¢, are shared by the phases. The heat source S, is
calculated from the interfacial mass transfer rate per unit volume, multiplied by the latent
heat. The interfacial mass transfer rate is due to the phase change that occurs inside the

TMC domain and is calculated from Lee’s model presented below, Section 6.2.4.

The interfacial force effect between the water vapor and liquid was included by adding the

F to the momentum Equation and turning on the continuous surface force in the fluent. The

value of surface tension value is calculated using this formula [112]:
o = 0.09805856 — 1.845 x 10 °T — 2.3 x 107/T? (94)
6.1.2. Turbulence model

The turbulence inside the TMC tube bundle was modeled using shear stress transport

SSTk — w. The SST k — w was selected to meet the requirements of the generated mesh
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with Ypus less than 2. The transports Equations of the turbulence kinetic energy k, and

dissipation rate w are defined in Chapter 2.
6.1.3. Multiphase species transport model

The flue gas comprises multispecies with different mass fractions in wt.%, H.O=11.4, CO»=
4.0%, No= 75.6%, and O,= 9.0%. The multi-species transport model can be applied to
multiphase flows. The conservation Equations for chemical species in multiphase flows, for
each phase g, predict the local mass fraction of each species, Yl.q, by solving a convection-
diffusion Equation for the i" species. The general conservation Equation for chemical species,

when applied to a multiphase mixture, flue gas in our case, is defined as:

%(pqaniq) + V. (p9a9UY") = =V. a7 + a?S] + X0 (1,0 — 1hgini) (95)

where i, is the mass transfer source between species | and j from phase q to p, and Siq IS

the creation rate by addition from the user-defined function.
6.1.4. Phase change (Lee’s) model

The most popular phase change model is the condensation-evaporation model named Lee
model [112]. The Lee model is able to detect the phase change along the phases interface and
within the saturated phase. The Lee model assumed the phase change occurs at the quasi-
thermo-equilibrium state and at a constant pressure. The current study adopted the Lee model
to track the condensation of the water vapor from the flue gas. The mass transfer model is

custom-built and programmed as a user-defined function (UDFs). The UDFs are integrated
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into the ANSYS/Fluent 2021 R1 computer software for condensation simulations.

Consequently, the related source term S, can be defined as follows:

Saq = T alpl%, Evaporation process if T, > Ty, (96)
Saq = rvavpvw, Condensation process if T, < Tyt 97)

sat

The values of r; and , are used to avoid the divergence problem and to maintain the
interfacial temperature between the phases close to the saturation temperature. Different
values of the coefficients r; and r, were used in the literature to maintain the interface
temperature at the saturation temperature. In the numerical simulation of Yang et al. [92], the
r values were set to 100 s1. Sandra et al. [95] used an r value of 0.1 s to simulate the flow
boiling process of a hydrocarbon feedstock. Based on the works of Lee [112] and Wu et al.
[113], too-large values of the r; and r,, may cause numerical convergence, while minimal
values cause a considerable variation between the saturation temperature and the interfacial
temperature. They used a value of 0.1 for both 7; and r;, in their simulation. In the current

study, the convergence was reached using values of 0.1 s'1 for r; and ;.

The following relation was implemented in the UDF and used to calculate the water vapor
condensate percentage out of all the water vapor from flue gas inside the flue gas domain by

using the following relation:
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. S, q*cell_volume
Condensation % = -

(98)

(water vapor mass fraction wt.%)+* thysg

6.1.5. Water transport model

The transport of the condensate water through the porous media was modeled using the
Darcy law model [85, 106, 114, and 115] written in the user-defined functions (UDF’s) in
the computational fluid dynamic code Ansys/fluent. The model is capable of detecting the
existence of the water liquid at the nanoporous membrane wall and inside the flue gas

domain. The Darcy law is defined as:

K, 3(P—P,)
Q = —gpA ;llias (99)
K, AP K; AP,
Q = —¢pA “—§E+ spAu—iE (100)

The first term in Equation (100) is the water diffusion due to pressure difference, and the

second term is the water diffusion due to the capillary pressure. Where, Q is the liquid mass

flow rate [kg/s], p; is the liquid density, and %is the permeability of the porous layer
l

[m?/pa.s]. K; [m?] is the liquid permeability of the nanoporous material, and y; is liquid

dynamic viscosity [pa.s].

Capillary flow is due to the difference between the relative attraction of the molecules of
the liquid for each other and for those of the solid. A familiar example is the rise of water

in an open tube of a small cross-section. As the radius becomes very small, capillary rise
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increases significantly. The liquid flux in pores is modeled through capillary pressure

difference that can be modeled by the Young Laplace Equation:

APC - _ 20cos6 (101)

7

where 0 is the equilibrium contact angle of the liquid on the solid, and rp is the radius of

the pore.

The detailed derivation of the capillary pressure difference in the nanopores, which was
modeled using the Kelvin Equation, is represented in Chapter 2. The final form of the

capillary pressure is defined by Equation (63) in Chapter 2.

The porous permeability, K;, to the water liquid was calculated using the following

Equation, [11]:

2
_ edp
72(1-¢)?T

k, (102)

where dp is the pore diameter of the porous medium.

Figure 47 represents the multiphase approach for modeling a single tube of TMC and the

corresponding different domains were involved in the simulation.
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Figure 47: Multiphase Approach for Modeling Single Tube of TMC
6.1.6. Solver Settings

The volume of fraction Equation may be solved either through implicit or explicit time
discretization. In this study, the implicit scheme has been used to track the phase at the
porous membrane surface. The pressure-velocity is coupled using the coupled algorithm,
the momentum and energy are solved using the second-order upwind scheme, and the
pressure and volume fraction are solved using PRESTO and Modified HRIC discretization.
These schemes are used to obtain the face fluxes for all cells, including those near the

interface. The continuity Equation discretization is defined as:

n+1,n+1
ag*p

_anpn ) )
th SV + Zf(ngrlU}Hlag}l - [S“q + z:g=1(mpq - mqp)]V (103)
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where n+ 1, n, V, a, ¢, and Uy are index for the current time step, the index for the

previous time step, the volume of the cell, the face value of the g/ volume fraction
computed from the Modified HRIC scheme, and volume flux through the face based on

normal velocity, respectively.

Since this Equation requires the volume fraction values at the current time step (rather than
at the previous step, as for the explicit scheme), a standard scalar transport Equation is

solved iteratively for each of the secondary-phase volume fractions at each time step.

The adaptive time step dt is controlled to maintain the Courant number CFL at a specified

value. The relation between the Courant number and the time step is given as:

At

CFL = S

(104)

where At is the time step, Ax is the grid size and |v] is the fluid velocity. The coupled
scheme of discretization is used for coupling the pressure and velocity. The second-order
upwind scheme was used to solve the momentum and energy Equations, and the Modified
HRIC and PRESTO discretization schemes were used to solve the volume of fractions and

pressure.

6.1.7. Grid Independence Study

Similar geometry and dimensions used in single-phase model analysis was used to perform
the multiphase simulation. However, the grid independence study was repeated using the
multiphase theoretical formulation. The mesh was prepared using the meshing tools of

Ansys/workbench with hexahedral elements. The solution sensitivity to the mesh quality was
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performed by increasing the mesh size from 0.22 million to 2.78 million cells. Multiple
simulations were run, and it was found that the simulation results were almost the same as
the grid size changed from 1.72 to 2.78 million control volumes. Figure 48 represents the
mesh independence study for the TMC tube bundle, with the boundary conditions being

set to V1g=0.526 m/s, Tt;=355 K, Vuw=0.05 m/s, and Tw=298 K.
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Figure 48. Mesh Independence Study.

6.2.  Multiphase Model Validation

The CFD multiphase model is validated using geometry and experimental data from the
available literature by GTI [28]. In their experiment, 78 TMC tubes arranged in staggered
configurations were used to recover the heat and water from the flue gas of a gas power

plant. The outlet flue gas temperature and outlet water temperature calculated using the
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proposed model are compared with the experimental data, and the comparison results are
represented in Figure 46 and Figure 47.
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Figure 49. Outlet Flue Gas Temperature Calculated using the Multiphase Model Compared
to the Experimental Data and The Single-Phase Model.

Good agreement is observed between the multiphase model and the experimental results.

The error percentage for outlet flue gas temperature, Figure 49, was less than 1% for all

cases except for one case of 1.25%. The error percentage for outlet water temperature,

Figure 50, was less than 5% for all the cases. The Figures also compared the multiphase

model with the single-phase multi-species model. In the case of the comparison with the

outlet flue gas temperature, the multiphase model was closer to the experimental results

than the single-phase model. It should be mentioned that the correction factors to the source

terms were required in the case of using a single-phase multi-species model to reduce the
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error between numerical results and the experimental data. However, the correction factors

were not required in the case of using the multiphase model.
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Figure 50. Outlet Cooling Water Temperature Calculated using the Multiphase Model
Compared to the Experimental Data and the Single-Phase Model.

6.3. Transport Model Validation

The correction factors were added to the condensation rate calculated by the Darcy law to
validate the transport model coupled with the experimental results. Previously, in modeling
the single-phase condensation rate using the mixed condensation rate, the correction factor
was chosen to reduce the error between the numerical model and experimental model. In
the current study, dimensionless operating conditions, such as the water-flue gas velocity
ratio and temperatures across the TMC-based heat exchanger, were employed to model the

transported water rate. Since it was noted that the experimental condensation rate and the
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dimensionless ratio of the water/flue-gas velocity and temperature follow the same trend;
as the velocity ratio and LMTD increase so does the experimental condensation rate, as

seen in Figure 51.

Equation 100 multiplied by the correction which builds based on the velocity ratio and

LMTD, the correction factor, Cny iS written as:

0.6
Cmf — <X_W> 0.09 x (ng,out_Twall)_(ng,in_Twall) (105)

fg (T fg.out=Twau)

In
ng,in_Twall)

Figure 52 represents the numerical condensation (transported through the membrane)
results of the multiphase model coupled with Darcy law and Lee phase change model, as
compared to the single phase (Mixed condensation rate) and experimental condensation
rate (transported). The model was implemented in Ansys/fluent using User Defined
Functions (UDFs). The comparison showed that the multiphase model predicts the

condensation rate better than the mixed model.
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Figure 52. Comparison Between the Numerical Multiphase Condensation Rate
(Transported), the Numerical Single Phase, and the Experimental Condensation Rate
(Transported).

6.4. Condensation Rate Versus Transport Rate Inside the TMC

It was reported that the condensed water vapor in the TMC was transported completely in
the ceramic porous membrane. Recently, researchers in [56] have reported that part of the
condensed water vapor is transported by the ceramic porous membrane, but the rest is
drained out with the flue gas. In the current study, the multiphase model built in
Ansys/Fluent using the VOF model coupled with the condensation-evaporation Lee model
has been used to calculate the possible amount of condensation of water vapor. The
numerical setup and conditions used in this study replicate the reported experimental
results [28]. The condensation rate using the multiphase VOF and Lee model is compared
to the reported experimental results, as represented in Figure 53. The experimental results
have reported a 7% to 49% condensation rate under different operating conditions.

However, the numerical results showed that the condensation inside the flue gas domain
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was between 21% to 81% of the amount of water vapor that exists in the inlet flue gas.
Assuming the prediction is correct numerically, these results confirm that the TMC module
was able to condensate water vapor under the flue gas condition inside the TMC tube

bundle, more than the transport through the TMC porous membrane.
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Figure 53. Percentage of Water Condensate inside the Flue Gas Domain Compared to the
Experimental Transferred Water Through the Porous Media.

6.5.  Multiphase Model Versus Single Phase Model Visualization

Although the multiphase model required more simulation time and CPU hours compared
to the single-phase model, it has an advantage over the single phase due to its capability to
model fluid flow, phase change, and mass transfer inside the porous membrane wall. The
multiphase model can model the fluid flow and mass transfer as illustrated in Figure 54,
while the single-phase model treats the membrane wall as a solid wall and no mass transfer

and fluid flow are resolved in that area.
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6.6. Parametric Study using Multiphase flow

Effect of flue gas Reynolds number : Using the proposed multiphase model coupled with
the Lee model and the transport model based on Darcy law, the effect of flue gas Reynolds
number and inlet water temperature on the condensation rate and condensation% at
different inlet water temperatures were studied numerically. The results are shown in
Figure 55 and Figure 56. As seen, increasing the Reynolds number reduces the
condensation rate and the condensation%. This is related to the reduction in the flow
residence time inside the domain as the flow velocity increases. While the outlet flue gas
temperature increases linearly because of the increase in the latent heat released during the
condensation of water vapor. The Figures also show that an increase in the inlet water

temperature reduces the condensation rate and increases the outlet flue gas temperature.
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Figure 55: Effect of Flue Gas Reynolds Number on the Flue Gas Outlet Temperature for
Different Inlet Water Temperatures, at Inlet Boundary Conditions: s, = 0.526 mis,

m,,=0.05 m/s, and T ;=355 K.
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boundary conditions: V4= 0.526 m/s, 11,,=0.05 m/s, and T;,=355 K, and water vapor mass
farction=14%.

Effect of water-vapor mass fraction: The effect of the water-vapor mass fraction entering
the domain with flue gas is represented in Figure 57. It can be noticed that an increase in the
water vapor mass fraction increases the condensation rate significantly as expected but
reduced the condensation% slightly. This is related to the significant increase in the water
vapor discharge inside the domain compared to the system's ability to condensate more water
vapor and transported through the membrane under the flue gas condition, as a significant
amount of heat was added because of the released latent heat as a result of the condensation.
It should also be noticed that the transport rate increased to a certain amount and then moved
to a slight unnoticeable increase with an increase in the water vapor mass fraction. This can

be related to the limited capacity of the membrane pores under the same operating conditions.

The current parametric study using the multiphase model revealed that the condensation
percentage of water vapor out of all water vapor of the flue gas were less than 25% for
different range of water vapor and inlet water temperature and less than 50% for the given of
inlet water vapor mass fraction and under the defined boundary conditions. These results also
confirm that part of the condensate stays inside the flue gas and might drain with flue gasin
the form of condensed water or stay at the outer surface of the membrane tube. Therefore,
designing the TMC at the optimum conditions to avoid large accumulation of condensate
water outside the membrane should be considered in this matter. The accumulation of
condensate water outside the membrane could mix with the other species of particulate of the

flue gas. The existence of condensation with fine particles blocks the pores of the porous
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membrane and causes membrane fouling, which reduces the porous membrane
performance. However, this study is limited to the CO>, N2, H20O and O species. Study the
effect of the existence of the water condensate inside the flue gas domain simultaneously with
a harmful flue gas species such as NOx and SO, and ashes on the TMC performance need

further investigation and it should be considered for a future work.
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Figure 57. Effect Water Vapor Mass Fraction on the Condensation Rate, Transported
Water, Transported % and Condensation% Calculated Using the Lee Model under the inlet
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boundary conditions (a) Vigin=2.47 m/s, and (b) Vig,in=5.64 m/s. For 1, =0.05 m/s, Tr,=355
K, and T,,=298 K.

6.7.  Flow Patterns for Condensed Water Vapor in a TMC Single Tube

The analysis of the heat and mass transfer of a staggered ceramic membrane tube bundle
is reduced to a single ceramic tube to reduce the computational time and facilitate
representation of condensation in the porous membrane tube The single tube dimension

was adopted from [55].

The flow pattern in the nanoporous ceramic membrane has not been studied before. The
condensate of water vapor at the outer surface of the ceramic membrane and inside of the
porous material are function of time as well as the flow conditions. For accurate
understanding and predictions of heat and mass transfer for condensation inside the TMC,
the flow pattern has been monitored at different operating conditions. Figure 58 and Figure
59 represent the flow pattern for different cooling water flow rate and air flow rate,
respectively. The water VOF inside the nanoporous ceramic membrane was captured at a
specific time step during the transient simulation. In the first five seconds of the simulation,
the water liquid start accumulates fast in the nanoporous membrane, after that the process
getting slower due to the increase in the membrane temperature, decrease in the
temperature difference between the two-working fluid, and the limited capacity of the
membrane tube. As the flow move from the inlet to the outlet, the heat transfer continues,
and the fluid temperature decreases gradually resulting in condensate more water vapor.
However, the process of water vapor condensation decreases with cooling water flow

direction, where the most part of condensation take place at the first half part of the
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membrane tube this is related to the highly content of water vapor in the flue and the
temperature difference across the membrane tube which reduces as the flow moves from

inlet to outlet.

It should be noted that, in some cases, the software builds condensation faster than the other
cases, and this is related to the variation in the BC’s also variation in the time step with
respect to the conversion criteria. The above analysis of the heat and mass transfer and flow
field, combined with the distribution characteristics of the flow and liquid phase VOF,
shows that the temperature difference is higher at the first half of the membrane tube from
the direction of cooling water flow and also it’s the region of high water vapor content
showing that more than 60% of water transport occurs in the first half of the nanoporous

membrane and first five seconds of the flow.

The above investigation of the flow field and heat and water transfer, combined with the
distribution characteristics of the flow and water phase condensation in the nanoporous
material is a tool that can be used to study the effect of the existence of fine particulate and
other harmful species with condensate water on the membrane performance and membrane
life cycle. In addition, determining the region of high condensate concentration which
accompanied with flow conditions can be used to determine optimum operating
conditions. As seen from the figures, the distribution of high concentration region
associated with water flow and air-water vapor mixture flow rate, as both flow rates

increase, the high concentration region extended through the membrane tube.
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Figure 58: Multiphase Flow Pattern in the Nanoporous Ceramic Membrane under the Effect of Different Cooling Water Flow
Rate at inlet water temperature 300 K, and inlet gas temperature 350 K.
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Figure 59: Multiphase Flow Pattern in the Nanoporous Ceramic Membrane Under the Effect of Different Air Flow Rate on
Water and Heat Fluxes. Experimental conditions: water vapor saturated air as the gas stream; gas mixture temperature 348 K;
liquid flow rate 5L/h; liquid side gauge pressure O; gas side gauge pressure 0.04 MPa; effective membrane area 0.0021 m2,
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7. CHAPTER VII: SUMMARY AND CONCLUSION

Summary and Conclusions

The current research objectives were focused in investigating and reporting the optimum
heat and mass transfer under different operating conditions, nanoporous membrane
characteristics and staggered TMC geometrical parameters. A second objective was to
derive empirical correlations can predict the heat and mass transfer and pressure drop from
TMC staggered tube bundle, and develop a multiphase numerical model to model the phase
change through TMC tube and provide a visualization of the mass transfer through the
nanoporous membrane tube. Based on the current research activities, the following

summary and conclusions can be drawn:

e The heat and mass transfer of transport membrane-based heat exchangers were
numerically investigated. The single-phase species transport model coupled with
the condensation model written in an appropriate user-defined function (UDFs) was
used to run the simulation using Ansys/Fluent software. Two condensation
mechanisms were examined. The results were validated against the previously
published experimental data points.

e An extensive parametric study was done for the effects of the operating conditions,
membrane characteristics, and geometrical parameters of the staggered TMC tube
bundle. Particularly, the variation of the flue gas inlet temperature and cooling

water temperature, water vapor mass fraction, membrane porosity, tube rows, flue
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gas Reynolds numbers, and inner and outer membrane tube diameters on the flue
gas heat transfer, condensation rate, and pressure drop were investigated.

The results of numerical results using a validated mixed condensation model were
compared with different single-phase Nusselt number and pressure drop (no
condensation) correlations developed previously in the literature. New TMC
correlations for convective and overall Nusselt number and friction factor were
derived for the TMC tube bundle based on the examined parameters.

Within the examined parameter ranges, the average convective Nusselt number was
first evaluated based on sensible heat transfer. The results showed that an increase
in the N for the same tube dimensions and the Reynolds number can enhance the
heat transfer and therefore the Nusselt number significantly. The correlations of
Zukauskas 1972 were in better agreement with the numerical results than other
correlations examined. For example, a satisfactory agreement with the correlations
was observed at an Nr of 6 and 12, with a maximum error of 17% and 28% at
Rep,max = 320, respectively. The results also showed that the tube diameters of 5.49
mm and 4.57 mm have a lower heat transfer than the other two tube diameters. The
optimum overall convective Nusselt was obtained at do= 7.62 mm.

The effects of the row number and tube outer diameter as well as the Reynolds
number on the condensation rate and water recovery efficiency were also studied
numerically. As Nr and Reynolds number increases, so does the condensation rate,
while the water recovery efficiency decreases. Higher water recovery efficiency
was obtained at a lower Reynolds number associated with a lower mass flow rate

of the flowing gas. A change in the Nr from 4 to 24 would increase the condensation
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rate by 326% and 1087% and the overall Nusselt number by 917% and 1532% for
Reynolds numbers at 320 and 4037, respectively.

As the row number Nr and Reynolds number increase, the pressure drops inside
the TMC tube bundle increase. The pressure drops inside the TMC tube bundle
obtained numerically were also compared with the single-phase flow correlations.
At a low Reynolds number, the pressure drops obtained numerically were very
close to that ene predicted from the correlations. However, as the Reynolds number
increases, the TMC pressure drop diverges from the correlations.

A significant change in the pressure drops was noticed as the tube diameter
changed. Decreasing the tube diameter increases the difference between the
numerical and single-phase correlation results. At do=7.62 mm, the pressure drop
of the TMC was in good agreement with the Gunter-Shawn model, with a
maximum error of about 19%. A slight divergence from the Holman-Jacob model
produced a maximum error of 30%.

New correlations for average convection Nusselt number, condensation-convection
Nusselt number, and pressure drop inside the TMC tube bundles were proposed for
flue gas. The effects of the tube diameter, number of rows, Reynolds number,
condensation rate, and other membrane geometrical parameters were considered in
the proposed correlations. The correlations for Nuzony, NUcong—cony: and friction
factor show good agreement for all investigated parameters within errors of £10%,
+10%, and +£15%, respectively. The correlations can be used to estimate the heat
transfer and pressure drop during the design of transport membrane-based heat

exchangers.
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The dominant condensation mechanism in the transport membrane condenser
was investigated numerically. The numerical results were in good agreement with
the experimental results. The membrane porosity and the water vapor mass fraction
were varied during the simulation. The results showed that the total condensation
rate increases by about 18%, as the porosity increases from 0.15 to 0.50. The
percentage of wall condensation decreases as porosity increases, while the
percentage of capillary condensation increases. The wall condensation is able to
recover more latent heat than the capillary condensation mechanism, due to the
amount of condensate of water vapor by this mechanism. Also, an increase in the
membrane porosity reduces the convection Nusselt number.

Also, the results showed an increase in the wall’s condensation percentage, about
69% to 87% of the total condensation rate, as a result of an increase in the flue gas
water vapor mass fraction from 8% to 21%. It was found that the wall condensation
mechanism is the dominant condensation mechanism within the investigated water-
vapor mass fraction. Furthermore, As the water vapor mass fraction increases, the
latent Nusselt number increases for the wall condensation mechanism and
decreases for the capillary condensation mechanism.

The effects of flue gas turbulence intensity on the condensation rate, convective
heat transfer, and pressure drop of the TMC heat exchanger in cross-flow were
numerically investigated with a validated CFD model. The results showed a
significant enhancement in the TKE, condensation rate, pressure drop, and heat
transfer at a given Reynolds number with an increase in turbulence intensity. The

maximum increase in the condensation rate was 12.15%, at Rep max = 5000, for the
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tube bundle with do= 4.57 mm, when the turbulence intensity increases from 5%
to 25%. The maximum increase in the pressure drop was 9.91% at Rep,max=5000,
for the tube bundle with do= 5.49. The maximum increase in the Nusselt number
was 15.24% at Rep max=10000, for tube bundle with do= 4.57.

A multiphase modeling approach using the VOF, species transport, and Lee
condensation models were proposed for modeling the heat and mass transfer inside
the TMC tube bundle. The water transport through the TMC was modeled using the
Darcy law approach.

The multiphase model was in good agreement with the previously published
experimental results. The error percentages were less than 1% and 5% for the outlet
flue gas temperature, and less than 5% for the outlet water temperature. The
multiphase model results were closer to the experimental results than the single-
phase model in terms of the outlet flue gas temperature and condensation rate.
Using the multiphase model approach under different operating conditions, the
numerical results revealed that the condensation percentage of water vapor out of
all water vapor of the flue gas inside the flue gas domain was between 21% and
81%, compared to the reported experimental condensation between 7% and 49%. The
effect of the flue gas Reynolds number, inlet water temperature, and inlet water vapor
mass fraction was studied. An increase in the Reynolds number reduces the
condensation rate and the condensation percentage. Increasing the inlet water
temperature reduces the condensation rate and increases the outlet flue gas
temperature. Furthermore, increasing the water vapor mass fraction increases the

condensation rate significantly and reduces the condensation percentage slightly.
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e The flow pattern in the nanoporous ceramic membrane was observed and monitored
using the proposed multiphase model. The condensate of water vapor at the outer
surface of the ceramic membrane and inside of the porous material are a function
of time as well as the flow conditions. More than 60% of water transport occurs in
the first half of the nanoporous membrane and within the first five seconds of the
flow.

e The multiphase model can be used to predict phase change and water transport in
the TMC wall. That is very helpful for accurate understanding and predictions of

the TMC working principles to improve its design in future development.

In conclusion, the current study was able to model the heat and mass transfer from the
TMC based heat exchanger numerically. The results showed that the condensate water
vapor enhances the heat transfer with a maximum increase of 23% for the given parameters.
The variation of tube number of rows has a significant effect on both heat transfer and
condensation rate. However, working with a laminar flue gas shows no effect for increasing
the NR above 12 rows, as compared to the turbulent flow of flue gas that increase the NR
to 24 rows increase both heat transfer and condensation linearly. The effect of flue gas
turbulence intensity has an attractive effect on heat transfer and condensation. An increase
in the turbulence intensity could lead to an enhancement in the condensation rate and
Nusselt number, about 12.15% and 15.24% at ReD,max=10000, respectively. The
Selection of the of TMC tube diameter is a critical to the performance of the TMC tube
bundle. The optimum condensation rate was obtained for the tube bundle with do=5.49

mm, and the maximum Nusselt number for the tube bundle with do=7.62 mm.
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The heat transfer and pressure drop of TMC tube bundle were compared with the
existence of single-phase correlation. It was found that except for selected conditions,
the single-phase correlations were noticed to differ from the TMC numerical results.
Empirical TMC correlations for heat transfer and pressure drops with respect to
condensation rate, number of rows, and the nanoporous membrane geometrical
properties were derived thereby. The derived correlations for TMC show a good
agreement with numerical data for all investigated parameters and can predict the 96%
of the convective Nusselt number, overall Nusselt number, and friction factor inside
the TMC within £10%, £10% and £15% respectively. The effects of key parameters
on the heat transfer, mass transfer, and pressure drops are illustrated and discussed in
detail. The proposed correlation was defined from numerical results within a wide
range of tube diameters (4.57-7.62 mm), number of rows (2-24 rows), and Reynolds
number (170-8900), under flue gas condensation. The proposed correlation is able to
model the heat transfer and pressure drops from TMC within the defined range of

parameters, accurately.
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8. FUTURE WORK

The current study has a limitation, the condensation model was built based on the
assumption that the nanoporous layers are regular shape. however, The TMC tubes
have a multi-layer structure, and each layer has different thickness, pore size , and
surface tension, which need to more investigation in term of the TMC total

performance.

The proposed TMC correlations were developed based on the Numerical study for a
defined range of the design parameters. Extend the parametric study to a larger range
of design parameters to test the correlation accuracy in a further range of design

parameters.

The flue gas species in the current research was limited to H2O (v), Oz, CO2, and No.
However, in most of the power plants, flue gas holds a significant percentage of solid
particulate, ashes, and some of the harmful species, such asthe SOz and NOx. The effect
of the existence of these species with the condensate water on the membrane tube
performance life span is still not studied. The proposed multiphase model can be used
to study the effect of the existence of fine particulate and other harmful species with

condensate water on the membrane performance and membrane life cycle.
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